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ABSTRACT
This thesis describes a project to model a vehicle on a computer with a multibody 
dynamics simulation software package and to combine that work with physical laboratory 
tests for the purposes o f optimizing durability testing.
The intention was to mirror as closely as possible the behavior o f a physical 
vehicle on a road test simulator to assist in determining its durability characteristics under 
varying road conditions. This modeling work is important because, if  done with sufficient 
fidelity, it can be used to assess vehicle responses using different suspension 
configurations or payloads. Also, problems associated with changes to a vehicle’s 
payload, structure and suspension systems can be observed on a computer without 
performing physical tests.
The process has the potential to improve greatly automobile quality and 
durability, while dramatically reducing product development time and costs. The virtual 
dynamic vehicle model was assembled using computer aided drafting (CAD) models and 
ADAMS (Automatic Dynamic Analysis o f Mechanical Systems) software packages.
Inputs to the virtual model were forces and displacements acquired from the 
responses o f a physical vehicle and a road test simulator (RTS) during a durability testing 
cycle. The set of instructions, or “drive file”, used to command movements of the road 
test simulator was derived from the road responses o f a test vehicle on a proving grounds 
road surface. Calculated outputs from the ADAMS model were compared with measured 
outputs from the actual vehicle on the road test simulator.
A stable model o f a full vehicle was achieved over a period o f 50 seconds, with 
two input configurations. Both configurations used vertical displacement inputs and
iii
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lateral force inputs with damping forces at the axles to control the model’s stability. The 
first employed longitudinal forces, the second longitudinal displacements. With both 
configurations, strong correlation with the physical vehicle was observed in the vertical 
channels and lower control arm angles. With the second configuration, there was strong 
correlation of longitudinal accelerations at the rear axle. Also, the model’s lateral 
acceleration channels compared well at low frequency ranges. Further, with the second 
input configuration, changes to radial stiffness o f the control arm bushings improved the 
correlation between the computer model and the actual vehicle. Finally, the model’s 
major modes o f vibration, as predicted by linear analysis, correlated closely with 
frequency ranges o f typical, real-world vehicles. Overall, the results from this project 
bode well for increased connection between the virtual and real worlds o f durability 
testing.
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
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Figure showing the six degrees of freedom of an object -  three 
translational and three rotational.
Diagram of a one-dimensional block attached to a spring which, in turn, 
attached to the ground.
Diagram of a one-dimensional block attached to a spring and a damper. 
These, in turn, are attached to the ground.
Graph of time vs. displacement illustrating the transient responses o f 
underdamped, overdamped and critically damped systems.
Diagram of a harmonically excited one-dimensional block attached to a 
spring and a damper. These, in turn, are attached to the ground.
Plot o f normalized amplitude vs. frequency ratio o f a harmonically 
excited damped system.
Schematic showing a one-dimensional block being excited by 
harmonic displacement at the base, acting through a spring and 
a damper.
Plot o f displacement ratio vs. frequency ratio o f a harmonically 
excited damped system.
Diagram showing a free body diagram of a quarter-car model.
Photo o f a typical vehicle attached to a 16 degree-of-ffeedom road test 
simulator.
Photo o f the Megadac 6510DC onboard data acquisition system and TI 
boxes as they were mounted in the passenger’s seat o f the test vehicle.
Block diagram showing how the system inputs are related to the 
system outputs on the road test simulator.
Diagram showing alignment and polarity o f vehicle coordinate 
reference system.















Diagram showing the 3-1-3 (Z-X-Z) Euler angle rotation sequence.
Diagram showing how the moments o f inertia for an infinitesimally 
small element are calculated.
Diagram illustrating how the parallel axis theorem is derived.
Diagram showing how moments of inertia are calculated about an 
arbitrary axis.
Figure showing how the area under the curve over a time interval can be 
approximated using a finite number o f rectangles.
Flow chart illustrating the process o f using computer simulation in 
conjunction with physical test data to perform automotive durability 
analysis.
Figure showing CATIA models o f the components o f the front suspension 
system. Front suspension system is shown from the top o f the vehicle.
Figure showing CATIA models o f the components o f the front suspension 
system. Front suspension system is shown from an isometric view.
Figure showing CATIA models o f the components o f the steering 
system. Steering system is shown from the top o f the vehicle.
Figure showing CATIA models o f the components o f the 
steering system. Steering system is shown from an isometric view.
Ball joints are shown in yellow and their locations are indicated by 
numbers and black arrowheads.
Figure showing CATIA models of the components o f the rear suspension 
system. Rear suspension system is shown from the top o f the vehicle.
Figure showing CATIA models o f the components o f the rear suspension 
system. Rear suspension system is shown from an isometric view.
Figure showing angle of left rear shock with respect to the global xz 
and yz planes.
ADAMS model showing an isometric view of the engine, transmission 
and transfer case in relation to the body. Figure also illustrates where the 
engine is connected to the body with engine mounts.















ADAMS model illustrating the position o f the transmission cushion in 
relation to the body. The view is shown from the left side o f the model.
Figure showing the locations o f the virtual transducers on the ADAMS 
model. The locations o f the virtual transducers have been numbered for 
future reference in Chapter 5.
ADAMS model o f the full, assembled vehicle.
Picture o f the VIMF platform and pylons used to support the vehicle 
during the centre o f mass height and pitch moment o f inertia 
tests.
Picture o f the VIMF roll / yaw pivot assembly used to support the 
platform during the roll and yaw moments and roll / yaw product 
o f inertia tests.
Diagram showing the comer weights of the vehicle, the absolute values of 
the distance o f these forces from the origin and the location o f the centre 
o f mass.
CATIA model o f a human body that was used to approximate the mass 
and inertia properties o f the driver.
CATIA drawing showing the position o f the driver in the driver’s seat, 
Megadac, TI boxes and cabinet in the passenger seat, two water dummies 
loaded with shot bags on the rear seats and 8 shot bags in the rear o f the 
vehicle.
Plot showing the force vs. deflection spline of the vehicle’s rear 
springs.
CATIA models o f the front and rear stabilizer bars illustrating how they 
were cut in half along the xz plane. The drawing also shows how the 
value, L, was measured for the torsional stiffness equation, Equation 4.9.
Plots showing the force vs. deflection splines o f the vehicle’s front and 
rear shock absorbers.
Chart illustrating how deflection o f the jounce bumpers has an almost 
exponential relation to the force required to achieve this deflection.
Chart showing how the jounce bumpers were modeled in ADAMS 
using the SPRINGDAMPER command and the spline shown on this 
graph.
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Drawing of one quarter o f the road test simulator shown from the side 
view at the right front wheel o f the automobile.
Sketch o f one quarter o f the road test simulator shown from the rear view 
at right front wheel o f the automobile.
Photo showing the right front side o f a typical vehicle attached to a 16 
degree-of-freedom road test simulator.
Eigenvalue plot showing the real and imaginary parts o f the 163 calculated 
eigenvalues of the model with the original bushings.
Eigenvalue plot showing the real and imaginary parts o f the 177 calculated 
eigenvalues of the model with the original bushings.
PSD plots showing how the second derivative o f the left front lateral 
displacements o f the local responses compare with the lateral accelerations 
measured at the left side o f the front axle from the remote responses.
PSD plots showing how the second derivative o f the right rear lateral 
displacements o f the local responses compare with the lateral accelerations 
measured at the right side o f the rear axle from the remote responses.
Drawing of one quarter o f the road test simulator shown from the side 
view at the right front wheel o f the automobile. This drawing indicates the 
location o f bushings and o f longitudinal and lateral strut attachment 
points.
Sketch o f one quarter o f the road test simulator shown from the rear 
view at the right front wheel o f the automobile. This drawing indicates the 
location o f bushings and longitudinal strut attachment points.
PSD plots showing how the second derivative o f the left front longitudinal 
displacements o f the local responses compare with the longitudinal 
accelerations measured at the left side o f the front axle from the remote 
responses.
PSD plots showing how the second derivative o f the right rear longitudinal 
displacements o f the local responses compare with the longitudinal 
accelerations measured at the right side o f the rear axle from the remote 
responses.
PSD plots showing how the second derivative o f the left front vertical 
displacements o f the local responses compare with the vertical 
accelerations measured at the left side o f the front axle from the remote 
responses.
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PSD plots showing how the second derivative o f the right rear vertical 
displacements o f the local responses compare with the vertical 
accelerations measured at the right side o f the rear axle from the remote 
responses.
PSD plots o f the lateral accelerations of the axle at the left front o f the 
ADAMS model. These plots show how increasing the damping forces at 
the axles affects the magnitude o f the power spectral density o f lateral 
accelerations at the front axle.
PSD plots o f the lateral accelerations o f the axle at the rear right of 
the ADAMS model. These plots show how increasing the damping forces 
at the axles affects the magnitude of the power spectral density o f lateral 
accelerations at the rear axle.
PSD plots o f the longitudinal accelerations o f the axle at the left front 
o f the ADAMS model. These plots show how increasing the damping 
forces at the axles affects the magnitude o f the power spectral density of 
longitudinal accelerations at the front axle.
PSD plots o f the longitudinal accelerations of the axle at the right rear 
o f the ADAMS model. These plots show how increasing the damping 
forces at the axles affects the magnitude o f the power spectral density of 
longitudinal accelerations at the rear axle.
ADAMS models o f two identical 20 kg blocks, each with identical ION,
1 Hz, sinusoidally-varying forces acting upon them. This figure illustrates 
the “drifting” effect and shows how, depending on its initial conditions, 
the displacement o f an object with respect to time can vary.
PSD plots comparing accelerations from the “desired responses”
(physical vehicle - proving ground), “remote responses” (physical vehicle
-  on RTS) and the ADAMS calculation. Accelerations were measured 
laterally on the left side o f the front axle.
PSD plots comparing accelerations from the “desired responses”
(physical vehicle -  proving ground), “remote responses” (physical vehicle
- on RTS) and the ADAMS calculation. Accelerations were measured 
laterally on the right side o f the rear axle.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
longitudinally on the left side o f the front axle.
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PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
longitudinally on the right side o f the rear axle.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
vertically on the left side o f the front axle.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
vertically on the right side o f the rear axle.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
vertically on the left front o f the body.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
vertically on the right rear o f the body.
PSD plots comparing lower control arm angles with respect to time from 
the “desired responses” (physical vehicle -  proving ground), remote 
responses (physical vehicle -  on RTS) and the ADAMS calculation.
Angles were measured around the left front lower control arm’s axis of 
rotation.
PSD plots comparing lower control arm angles with respect to time 
from the “desired responses” (physical vehicle -  proving ground), “remote 
responses” (physical vehicle -  on RTS) and the ADAMS calculation. 
Angles were measured around the right rear lower control arm’s axis of 
rotation.
PSD plots comparing wheel forces from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. The wheel forces were measured in the 
vertical direction at the left front spindle.
PSD plots comparing wheel forces from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. The wheel forces were measured in the 
vertical direction at the right rear spindle.
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PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured laterally on the axle at 
the left front o f the vehicle.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured laterally on the axle at 
the right rear o f the vehicle.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured longitudinally on the 
axle at the left front o f the vehicle.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured longitudinally on the 
axle at the right rear o f the vehicle.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured vertically on the axle 
at the left front o f the vehicle.
PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured vertically on the axle 
at the right rear o f the vehicle.
xvii
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Figure 5.34 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured vertically on the body 
at the left front o f vehicle.
Figure 5.35 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured vertically on the body 
at the right rear o f the vehicle.
Figure 5.36 PSD plots comparing control arm angles with respect to time from the 
“desired responses” (physical vehicle -  proving ground), “remote 
responses” (physical vehicle -  on RTS), ADAMS calculation with the 
original bushings and the ADAMS calculation with the stiffness o f the 
control arm bushings reduced by 50% in the radial direction. Angles were 
measured around the left front lower control arm’s axis o f rotation.
Figure 5.37 PSD plots comparing control arm angles with respect to time from the 
“desired responses” (physical vehicle -  proving ground), “remote 
responses” (physical vehicle -  on RTS), ADAMS calculation with the 
original bushings and the ADAMS calculation with the stiffness o f the 
control arm bushings reduced by 50% in the radial direction. Angles were 
measured around the right rear lower control arm’s axis o f rotation.
Figure 5.38 PSD plots o f wheel forces from the “desired responses” (physical vehicle 
-  proving ground), “remote responses” (physical vehicle -  on RTS), 
ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Wheel forces were measured longitudinally at the 
left front spindle.
Figure 5.39 PSD plots o f wheel forces from the “desired responses” (physical vehicle 
-  proving ground), “remote responses” (physical vehicle -  on RTS), 
ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Wheel forces were measured longitudinally at the 
right rear spindle.
xviii
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
Figure 5.40
Figure 5.41
PSD plots of wheel forces from the “desired responses” (physical vehicle
-  proving ground), “remote responses” (physical vehicle -  on RTS), 
ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Wheel forces were measured vertically at the left 
front spindle.
PSD plots of wheel forces from the “desired responses” (physical vehicle
-  proving ground), “remote responses” (physical vehicle -  on RTS), 
ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Wheel forces were measured longitudinally at the 
right rear spindle.












Chart showing mass, centre o f mass, principal moments o f inertia 
and Euler angles of the front track bar with respect to the global 
coordinate system.
Table showing a sample results sheet from the VIMF testing facility.
This table illustrates the degree o f accuracy and repeatability that the 
VIMF testing facility is able to obtain.
Table showing how the torsional stiffness coefficients o f the 
stabilizer bars were calculated.
Table showing the names, descriptions and units o f the individual 
channels o f the raw data and desired responses.
Table showing the names, descriptions and units o f the individual 
channels collected from transducers in the rig (local responses) while 
the vehicle was undergoing road test simulation.
Table showing the names, descriptions and units o f the individual 
channels collected from transducers on the vehicle (remote responses) 
while the vehicle was undergoing road test simulation.
Table showing modes o f vibration o f the model under 50Hz using the 
original bushing properties. Table shows the mode number, frequency of 
mode, damping ratio and a short description o f the mode(s).
Table summarizing modal frequencies o f vibration for typical vehicles as 
predicted by Barak {2}.
Table showing modes o f vibration o f the model under 50Hz with the 
control arm bushings reduced by 50% in the radial direction. Table 
shows the mode number, frequency of mode, damping ratio and a short 
description o f the mode(s).
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LIST OF ABBREVIATIONS
ABAM -  Adams-Bashforth-Adams-Moulton Integrator (ADAMS)
ADAMS -  Automatic Dynamic Analysis o f Mechanical Systems 
ARDC -  University o f Windsor / DaimlerChrysler Canada Automotive Research and 
Development Centre 
ART -  Arithmetic Manipulation Module (nSoft)
ASD - Autospectral Density, Autospectral Density Module (nSoft)
BDF -  Backwards-Difference Formulae
CAD -  Computer Aided Design, Computer Aided Drafting
CAT/ADAMS -  CATIA to ADAMS Translation Module
CATIA -  Computer Aided Three-Dimensional Interactive Application
cm, CM -  centre o f mass (centre of mass)
COE -  Multi-file Signal Browse, Edit and Create Utility (nSoft)
CSD -  Cross Spectral Density
DAC -  Digitized Analogue Channel
DADS -  Dynamics Analysis and Design System
DAE -  Differential-Algebraic Equation
Deg - Degrees
DFT -  Discrete Fourier Transform 
DSTIFF -  DASSL Stiff Integrator (ADAMS)
DTA -  Binary to ASCII Conversion Module (nSoft)
EDM -  Empirical Dynamic Model 
ESI -  Experimental Services, Inc.
FFT -  Fast Fourier Transform
FRF -  Frequency Response Function
ft -  feet / (foot)
g -  gravity acceleration
GSTIFF -  Gear Stiff Integrator (ADAMS)
Hz - Hertz 
in - inches
13 -  Index 3 (ADAMS)
ITGDFT -  Integration / Differentiation Module (nSoft)
kg - kilograms
lb(s) -  pound(s) force
LCA -  Lower Control Arm
LF -  Left Front
LR -  Left Rear
LVDT — Linear Variable Differential Transformer 
mm - millimeters
MDI -  Mechanical Dynamics Incorporated 
MFD -  Multifile Display Module (nSoft)
MTS -  MTS Systems Corporation 
ODE -  Ordinary Differential Equation 
PSD -  Power Spectral Density
REMDAC -  Remote Parameter Control to DAC File Conversion (nSoft)
x x i
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RF -  Right Front
RPC -  Remote Parameter Control
RR -  Right Rear
RTS -  Road Test Simulator
RVIT -  Rotary Variable Inductance Transducer
sec or s -  seconds
SI2 -  Stabilized Index 2 (ADAMS)
SUV -  Sport Utility Vehicle
TI -  Transducer Interface
VDI -  Vehicle Durability Identification
VIMF -  Vehicle Inertial Measurement Facility
WFT -  Wheel Force Transducer
WSTIFF -  Wielenga Stiff Integrator (ADAMS)
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LIST OF SYMBOLS
a -  Acceleration
ab -  Relative Rotational Displacement o f the I Marker with Respect to the J Marker 
Expressed in the X Axis o f the J Marker (Bushing) 
axxz -  Angle o f I Marker X Axis Relative to J Marker X Axis Measured About The Z 
Axis o f the J Marker 
an ,an , ... -  Constants o f Expansion During Linearization 
aXod -  Constant for Overdamped Solution 
a2od -  Constant for Overdamped Solution 
a\cd ~ Constant for Critically Damped Solution 
a2cd ~ Constant for Critically Damped Solution
angle -  Reference Angle of Torsional Spring (Rotational Equivalent o f Free Length)
A -  Amplitude o f Vibration
Am  -  Euler Angle Transformation Matrix
Aud -  Amplitude o f Vibration for Underdamped Solution
Auf -  Constant Describing Transient Response in Underdamped Forced Solution
^wn — Amplitude o f White Noise Inputs 
Aj -  Jacobian Matrix
Ab/a -  Transformation Matrix (Direction Cosine Matrix -  Equation 3.1) o f New 
Orientation, B, with Respect to Old Axis Inclination, A.
Akispl _  Akima Spline Function (Independent Variable, Spline for Interpolation)
^ -  Distance Between I and J Markers
bh -  Relative Rotational Displacement o f the I Marker with Respect to the J Marker 
Expressed in the Y Axis o f the J Marker (Bushing)
B -  Transformation Matrix Defining Relationship Between Angular Velocity o f Body 
and Choice o f Generalized Coordinates 
c , C -  Damping Constant
cb -  Relative Rotational Displacement o f the I Marker with Respect to the J Marker 
Expressed in the Z Axis o f the J Marker (Bushing) 
ccr -  Critical Damping Constant 
Cs -  Shock Absorber Damping Constant 
Cx, Cy , Cz -  Translational Damping Coefficients (Bushing)
Cmi -  Coefficient for White Noise Equation
Cspline -  Damping Spline
CT -  Torsional Damping Coefficient
CTX, CTy , CTz -  Rotational Damping coefficients (Bushing)
d -  Z Distance O f New Axis Away From Centre o f Mass (Parallel Axis Theorem), 
Diameter o f Stabilizer Bar Cross-Section
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e -  Natural Number = 2.71828
/  -  Vector o f Applied Forces
f wn -  Frequency of White Noise Inputs
A / -  Frequency Spacing o f Lines
/ 0 -  Amplitude o f Applied Force Per Unit Mass
/ ,  , / 2 -  Continuously Variable Autonomous (Time Invariant) Functions
F  -  Force (see Equation 3.2)
F{t) — Driving Force
F0 -  Amplitude o f Applied Force
Fa -  Force Applied to I Marker
Fb -  Force o f Body
Fd -  Force Developed by Damper
FX,F2,F2 -  Preload Forces in Coordinate System of J Marker (Bushing)
Fx, Fy, F: -  Forces Applied to the I marker in the Coordinate System o f the J Marker 
(Bushing)
Flf , Flr , Frf , F rr -  Left Front, Left Rear, Right Front and Right Rear Comer Weights 
o f Vehicle 
Fmg ~ Force o f Vehicle Due to Gravity 
Fs -  Force Developed by Spring 
Fw -  Reaction Force at Unsprung Mass 
Fwh -  Wheel Hop Frequency 
FORCE -  Preload Force
ffl
g  -  Gravitational Constant, Unit o f Acceleration ( l g  = 9.81— )
s
Gsb -  Shear Modulus o f Stabilizer Bar 
h -  Step Size Being Attempted
H ( f ) -  Frequency Response Function as a Function o f Frequency 
H j ( f ) -  Imaginary Part of Frequency Response Function as a Function o f Frequency 
H r ( / )  -  Real Part o f Frequency Response Function as a Function o f Frequency 
i -  Component Being Subtracted
i, j , k  -  Unit Vectors in X, Y and Z Directions Respectively 
/  -  Moment of Inertia 
Id — Identity Matrix
I Qa -  Moment o f Inertia Around Oa Axis
/, -  Inertia Tensor
I td -  Diagonalized Inertia Tensor
Ix ’ Iy ’ Fz -  Principal Moments o f Inertia About X, Y and Z Axes Respectively 
Ixx, Iyy , I zz -  Moments o f Inertia About X, Y and Z Axes Respectively
xxiv
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)0 T  yy
(lxv) , {lxz)G, (/,,z) -  Moments and Products o f Inertia Calculated About Centre of
Mass
V  , 4* , / ,z, 7z, -  Products o f Inertia
-  Inertia Tensor at Axis Inclination, A.
I B -  Inertia Tensor at Axis Inclination, B.
I G -  Moment o f Inertia About Centre of Mass
j  - V̂T
J  -  Generalized Inertia Matrix Expressed About a Principal Reference Frame
J  sb -  Polar Moment o f Inertia o f Stabilizer Bar Cross-Section
^ , K s , K sc -  Spring Constants 
K  -  Kinetic Energy 
Kstiff -  Stiffness Matrix
K sb - Stiffness o f Stabilizer Bar 
K t -  Tire Stiffness Constant
K x,K y,K z -  Translational Stiffness Coefficients (Bushing)
Kspline -  Stiffness Spline
K T  -  Torsional Damping Constant
KTx,KTy,KTz -  Rotational Stiffness Coefficients (Bushing)
length -  Free Length o f Spring 
Lsb -  Length o f Stabilizer Bar 
m -  Mass
mum -  Mass o f Unsprung Mass (Axle)
M  -  Mass Matrix o f System, Moment (see Equation 3.3)
M bfrl -  Mass o f Body at Full Rated Load
M sm -  Mass o f Sprung Mass (Body)
M u -  Mass o f Unsprung Mass
M vfrl -  Mass o f Full Vehicle at Full Rated Load
n -  Number o f Degrees o f Freedom 
n -  Vector of Applied Torques 
N  -N um ber o f Rectangles
Ncs -  Number o f Components Being Subtracted from Body (Drivetrain, Suspension 
Components, Wheels, Tires) 
p  -  Vector / Matrix o f Position Coordinates 
q -  Matrix / Vector o f Generalized Coordinates o f System 
Q -  Generalized Force(s) Acting on the Body 
Qc -  See Equation 2.48 
Qe — Vector o f Externally Applied Forces
x x v
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Qv -  Quadratic Velocity Vector That Arises From Differentiating Kinetic Energy with
Respect to Time 
r -  Shortest Distance Variable (See Figures for Details)
Rr -  Rolling Radius
R M )  ~ Cross-Spectral Density of the Input v(/)and the Output w(t) as a Function of 
Frequency
Rw ( / )  ~ Autospectral (Power Spectral) Density o f Input v(t) as a Function o f 
Frequency
5 -  Exponent for Shaped White Noise Equation 
5,, s2 -  Coordinates o f Equilibrium Point 
S v ( / )  -  Fourier Transform of Signal v(t)
S'y ( / )  ~ Discrete Fourier Transform of Signal v(t)
S'yV ( / )  -  Power Spectral (Autospectral) Density Function of the Signal, v(t)
S 'vw ( / )  -  Cross-Spectral Density Function of the Signal, v(t)
T -  Time Interval
Ta -  Torque Applied to I Marker
Tsb -  Torque Applied to Stabilizer Bar
Tx, Ty, Tz -  Torques Applied to the I Marker in the Coordinate System o f the J Marker 
(Bushing)
Tx, T 1,T-i -  Preload Torques in the Coordinate System o f J Marker.
TORQUE -  Preload Torque 
t -  Time 
At -  Time Step
u -  Body Translational Velocity Vector / Matrix, Vector of Constants to Be Determined 
ux ,uy ,uz -  Direction Cosines
vo -  Initial Velocity
v -  Vector o f Constants to Be Determined
v(t) -  Time Domain Representation o f a Signal
v -  The Velocity of the Point o f Application, p, o f the External Force
V -  Volume
V ,V (t) , V( / )  -  White Noise Inputs to System, as a Function of Time, as a Function of
Frequency Respectively 
Vx, Vy, Vz -  Time Derivatives o f x h, y b, z b Respectively (Bushing) 
w(t) -  Signal Varying with Time
W , W(t) , W ( f )  -  White Noise Response Outputs, as a Function of Time, as a Function 
o f Frequency Respectively 
x -  General Coordinate, X Axis 
x ’ ~ X Coordinate Axis at Centre o f Mass
x  - X  Coordinate o f Infinitesimally Small Element with Respect to Centre o f Mass 
xb - X  Translational Displacement o f the I Marker with Respect to the J Marker
xxvi
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Measured in the Coordinate System o f the J Marker (Bushing) 
xbcm ~ X  Coordinate o f Vehicle Body Centre o f Mass at Full Rated Load 
XyfH ~ X  Coordinate o f Vehicle Centre o f Mass at Full Rated Load 
xci -  X Coordinate o f Centre o f Mass o f Component, i.
X cmo ~ X  Distance From Origin to Centre o f Mass o f Full Vehicle at Full Rated Load.
X i p , X  /R, X RF, X  RR -  Distance in Longitudinal Direction From Origin to Left Front,
Left Rear, Right Front and Right Rear Centre o f Tire Patch 
Respectively. 
y  -  General Coordinate, Y Axis 
y '  -  Y Coordinate Axis at Centre o f Mass
y  -  Y Coordinate o f Infmitesimally Small Element with Respect to Centre o f Mass 
y b -  Y  Translational Displacement o f the I Marker with Respect to the J Marker 
Measured in the Coordinate System of the J Marker (Bushing). 
y bCm -  X  coordinate o f Vehicle Body Centre o f Mass at Full Rated Load 
y n -  Solution Calculated at Time = tn 
y n+x -  Solution Calculated at Time = tn+i
y vfH -  Y Coordinate o f Vehicle Centre of Mass at Full Rated Load 
yct -  Y Coordinate of Centre o f Mass of Component, i.
Ycm0 ~ X  Distance From Origin to Centre o f Mass o f Full Vehicle at Full Rated Load.
Ylf , Ylr , Yrf , Yrr -  Distance in Lateral Direction From Origin to Left Front, Left Rear, 
Right Front and Right Rear Centre o f Tire Patch Respectively. 
z , z , z  -  Vertical Displacement (also Z Axis), Velocity, Acceleration
z Z  Coordinate Axis at Centre o f Mass 
zo -  Initial Vertical Displacement
zh -  Z Translational Displacement o f the I Marker with Respect to the J Marker 
Measured in the Coordinate System o f the J Marker (Bushing). 
z base -  Displacement o f Base
zbcm -  Z coordinate o f Vehicle Body Centre o f Mass at Full Rated Load 
z block -  Displacement o f Block
z vfrl -  Z Coordinate o f Vehicle Centre o f Mass at Full Rated Load 
zcj -  Z Coordinate o f Centre o f Mass of Component, i.
Z base -  Amplitude o f Displacement o f Base 
ZHock ~ Amplitude o f Displacement o f Block 
Xr -  Vertical Displacement of Base (Road)
Xsm , Xsm  ̂ Xsm -  Vertical Displacement, Velocity, Acceleration o f Sprung Mass (Body) 
Z uf -  Magnitude o f Underdamped Forced Solution
Z um, Z um, Z um -  Vertical Displacement, Velocity, Acceleration of Unsprung Mass (Axle)
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k  , x  — Non-Zero Constants to be Determined 
a  -  Angular Acceleration 
e  -  Vector / Matrix o f Euler Angles 
X -  Matrix / Vector o f Lagrange Multipliers o f System 
Xeig -  Eigenvalues o f System
co -  Frequency of Vibration 
cod -  Damped Natural Frequency
(of -  Frequency of Force in Forced Vibration (Driving Frequency) 
con -  Natural Frequency of Vibration 
cop -  Peak Frequency
cox,coy,coz -  Angular Velocity Components o f the I Marker with Respect to the J Marker
Measured in the Coordinate System of the J Marker (Bushing) 
w -  Body Angular Velocity Vector / Matrix 
9sb -  Angle o f Twist o f Stabilizer Bar 
9sp -  Angle o f Spindle Housing with Respect to the Z Axis.
6 f -  Phase o f Underdamped Forced Solution
</>frf ( / )  -  Phase of System as a Function o f Frequency
(/>ud -  Phase Change for Underdamped Solution
</>uf -  Constant Describing Transient Response in Underdamped Force Solution
(Equation 2.31)
<D -  Constraint Equation
-  Matrix o f Partial Derivatives with Respect to q of Constraint Equations o f System 
y/ , G, (/> -  First, Second and Third Euler Angles Respectively 
a ,  f3 ,y  -  Coordinate Direction Angles 
zr -  3.14159 
p  -  Density 
x -  Time Lag Constant
t, -  Critical Damping Ratio, Body Angular Velocity Vector / Matrix
Flp , I I s -  Projection Operators 
T -  Angular Momenta
x x v i i i
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
Chapter 1 Introduction
1.0 General
The assessment o f vehicle durability in today’s automotive industry is done 
through rigorous physical testing, proving ground tests and road test simulator (RTS) 
experiments. The RTS shakes the vehicle by applying cycles o f the same forces and 
displacements to which that vehicle has been subjected on a proving ground test track. A 
predetermined number o f loading cycles on the RTS simulate a specific number o f 
kilometres / miles traveled on a representative set o f roads. By performing many o f the 
tests with several vehicles and observing any deformation, component failures and 
fatigue, the durability characteristics o f the automobile can be determined.
One o f the problems with the RTS process is that, depending on the nature o f the 
test and the development or “build” level o f the automobile involved, the test vehicle may 
become damaged. Repairs can be extremely costly and time-consuming. Often, with RTS
1
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testing, many tests are required to understand why the vehicle is being damaged in a 
particular way. Since durability analysis can be a lengthy process and because it is 
usually performed on high-cost prototype automobiles, the price o f such RTS testing can 
itself be very high.
Performing durability testing on a virtual model, using a computer, can result in 
big savings. The number o f physical tests needed to confirm that a vehicle is sufficiently 
durable for general public use is reduced. Various iterations and alternatives can be tested 
easily to optimize the design. Also, computer modeling can help to identify areas o f high 
stress and components with low fatigue life that may not be evident during the road test 
simulation process. Once the computer model and the physical vehicle are in close 
agreement, the effects o f changes to payload, vehicle structure and suspension 
components can be observed. This can help engineers to rule out changes that could have 
adverse effects on the vehicle’s durability without physically making these modifications 
to the automobile and performing expensive and time-consuming tests.
British based AEA Technology Engineering Software Inc. {1} notes that the 
ability to predict component loads analytically, using multi-body dynamics analysis, 
means that physical components are no longer a prerequisite for durability testing. This 
leads to a considerable savings in development time and cost. However, as McBeath {21} 
points out, the process still requires physical validation if  it is to be meaningful as a 
design verification tool.
Although physical testing will never be eliminated, the number o f tests over a 
vehicle’s development cycle can be reduced. This project examines the process o f 
creating a virtual model and connecting it to real-world durability testing.
2
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The present research describes how a dynamic model o f an entire vehicle can be 
assembled using computer aided design (CAD) and multibody dynamics software 
packages. This research also shows how multibody dynamics software can be used to 
simulate this automobile under various road conditions.
Simulating the dynamics o f an entire vehicle is a complex task. Most production 
vehicles are composed o f several thousand parts, each with different shapes, properties 
and characteristics. Even with today’s modem supercomputers, it can take large amounts 
o f computational time to solve the equations o f motion for a complete model containing 
many moving components with up to six degrees o f freedom each. Furthermore, 
obtaining stiffness, damping, mass and moment o f inertia properties for these parts can be 
a very difficult and complicated process.
The virtual model in the current research contains the main components o f the 
vehicle and has been modeled using rigid bodies. Springs, shock absorbers and bushings 
have been modeled using linear properties or spline curves, ignoring hysteresis effects.
1.1 Multibody Dynamics
According to Rahnejat {27} almost 95 percent o f all dynamics problems relate to 
the interactions o f an assembly o f parts or a cluster o f objects. The overall behavior o f  a 
system is therefore affected by its constituent components, which may exert forces upon 
each other or are constrained in certain ways. Due to this fact, simple kinematic and 
dynamic analyses are often insufficient to solve complex systems. A method of 
formulation and solution o f these problems is called multibody dynamics. Multibody 
dynamics embodies fundamental theories and scientific laws from many of the world’s
3
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greatest minds such as Isaac Newton, Leonhard Euler and Joseph-Louis Lagrange, which 
allow calculation o f motions and loads for complicated systems.
Shabana {30} describes multibody dynamics as the branch o f physics that deals 
with the analysis o f systems o f interconnected rigid and deformable components.
Shabana {30} notes that, in general, a multibody system is defined as a collection of 
subsystems called bodies, components and substructures. The motion of these subsystems 
can be kinematically constrained with different types o f joints, and each subsystem or 
component may undergo large translational and rotational displacements.
Multibody dynamics implements matrix algebra, kinetic and kinematic 
differential equations and algebraic constraint equations to solve for the forces and 
motions o f system components.
Figure 1.1 shows that each unconstrained three-dimensional object has 6 degrees 
o f freedom - it can translate in three directions (along x, y, z) and rotate in three 
directions (about x, y, z).












Roll (Rotation Around X)
Pitch (Rotation Around Y)
Lateral Translation 
(Displacement Along Y)
Figure 1.1 Figure showing the six degrees o f freedom of an object -  three
translational and three rotational. The object can translate along and rotate 
about the x, y and z axes. In the present research, displacement along the x 
axis is longitudinal translation, displacement along the y axis is lateral 
translation, and displacement along the z axis is vertical translation. Roll 
will be referred to as rotation around the x axis, pitch as rotation around 
the y axis, and yaw as rotation around the z axis.
Six unique variables are needed to completely describe its position in space. This 
means that several 6-by-6 and larger matrices must be solved, differentiated and 
integrated to determine the forces and motions o f the object. For simple systems with few 
moving components, hand calculation o f forces and motions is possible but time- 
consuming. For large systems with several constraints and many moving parts, hand 
calculation is impractical, if  not impossible. With the advent o f modem computers, 
solving large systems o f equations with many variables can be accomplished relatively 
quickly with a high degree o f accuracy.
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Recently, a few multibody software packages have become commercially 
available which can perform such analyses. The ADAMS (Automatic Dynamic Analysis 
o f Mechanical Systems) software package has been used in the present research due to its 
robustness, versatility and user-friendly graphical user interface. ADAMS considers all 
bodies to be rigid, unless they are specifically defined as flexible bodies, and takes inputs 
in the form o f loads and motions. It solves differential-algebraic equations for the 
corresponding outputs, using a combination o f dynamic fundamentals and matrix algebra.
1.2 Road Test Simulation
MTS {23} notes that the purpose o f road test simulation is to gather dynamic 
loading data that represents the real time inputs experienced by a vehicle’s suspension 
under driving conditions. Then it aims to reproduce these inputs in the test laboratory.
According to Peticca {25}, road test simulation (RTS) has been used for 
approximately 25 to 30 years in varying degrees. The first road test simulation machines 
were called four posters and used 4 servo-hydraulic controlled actuators to apply loads to 
the vehicle at the contact patch o f each tire. These simulators could only generate vertical 
displacements and were controlled using either a signal generator or an FM magnetic 
tape. Four posters are still used in industry today and operate in a similar fashion to those 
used several years ago, but with updated control technology.
The first road test simulators did not simulate real loads derived from an actual 
road. Random loading that the vehicle experienced on the proving ground would be 
measured and then reduced to a constant amplitude signal, which would be used to drive 
the road test simulator. Based on the number o f loading cycles taken for a component to
6
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fail, the engineer could estimate the approximate stresses using Stress-Life (S-N) curves
developed from test samples.
Today, road test simulators have evolved to the point where multiple degrees-of-
freedom can be controlled and random signals representing actual road test data can be
used as input. The modem 16-channel simulator used for the current research
incorporates four degrees o f freedom per wheel (x, y, z translational movement and
optional braking torque). The most advanced road test simulators can have up to 6
degrees o f freedom per wheel and some even have a rotating track and can simulate
steering control.
The current method o f durability testing is as follows:
Instrument the vehicle with a sufficient array o f transducers (accelerometers, 
rotary variable inductance transducers (RVITs), strain gauges, etc.) to adequately 
define the vehicle’s dynamics.
Drive the vehicle over a track at a proving ground and collect data.
Process, filter and edit the data collected to remove sections that have little effect 
on the vehicle (i.e. non-damaging load cycles). Perform a steering correction to 
resolve wheel forces at the front wheels into forces at zero steering angle.
Remove the wheels o f the vehicle and mount the automobile to the road test 
simulator.
Use shaped white noise (random signals) to excite the vehicle and determine the 
system frequency response function (FRF).
Use the inverse o f this frequency response function and the desired outputs 
(filtered, edited, steering corrected data) to obtain an initial estimate o f the 
required inputs (initial drive file).
Perform iterations to deal with non-linearities until the drive file and the vehicle’s 
responses differ by a sufficiently small, predetermined amount.
Using these input signals to control or “drive” the road test simulator, execute 
durability tests according to a pre-determined schedule defined by the automobile 
manufacturer.
7
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Although expensive, road test simulators are a valuable and cost effective asset to
automobile manufacturers. Testing rigs allow critical durability problems associated with
the design of new vehicles to be determined and corrected before the automobile reaches
the general public, and this increases vehicle quality and durability. However, physical
durability testing using road test simulators does have some drawbacks:
Road test simulators are expensive to purchase and operate.
Vehicles may be damaged during a testing session and must be repaired or 
replaced for further testing to continue.
Several high-cost prototype vehicles must be built and tested as part o f the 
traditional development cycle.
Several days or even weeks are required to conduct a full cycle o f road test 
simulations.
To test the performance o f the vehicle with new components such as control arms 
or track bars, the automobile must be removed from the road test simulator. New 
parts must be ordered and then installed - with the aid o f an experienced 
mechanic. The vehicle must then be put back on the testing rig for further testing 
to continue and this requires time and money.
Road test simulation has greatly shortened vehicle durability analysis but there is 
still some room for improvement. This is where a combination o f virtual testing and 
physical testing can become a huge benefit. By merging real-life test data with computer 
simulation, the durability testing process can be shortened significantly, causing a 
reduction in time and cost and ultimately an increase in safety and durability.
8
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1.3 Combining Virtual Simulation with Physical Test Data
Using a combination o f virtual and physical durability testing -  specifically using 
real inputs collected from a vehicle proving ground test track to drive a virtual model -  
should provide a “best o f both worlds” approach. Some o f the benefits should be as 
follows:
A dramatic reduction in vehicle development time.
The ability to test the effects o f new components without actually having to wait 
for them to be ordered and installed on the physical vehicle.
A decrease in the number o f prototype vehicles needed to verify vehicle durability 
testing, thus saving a great deal o f time and money.
The ability to detect areas o f high stress or fatigue damage that may not be visible 
from physical road test simulation.
The combined approach can be a tremendous benefit to automakers, but there are 
also some possible disadvantages that should be noted if  accurate virtual simulations are 
to be conducted:
Accurate computer aided design (CAD) models o f the vehicle’s components are 
required.
A complete and accurate material properties database for all components o f the 
vehicle is required at the beginning o f the modeling process -  one that contains all 
necessary mass, moments and products o f inertia, stiffness and damping values in 
an easy to interpret format.
Some parts such as bushings, shock absorbers and springs behave in a non-linear 
fashion and this is often difficult to model. However, many multibody software 
packages now have add-on modules that allow non-linear effects to be simulated.
A powerful computer system with a large hard drive is required to execute the 
mathematical computations and graphics rendering of a multi-degree o f freedom 
system such as that o f an automobile. Even with these requirements, 
simplifications must often be made which can have unforeseen effects on the 
accuracy o f results.
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Overall, the benefits o f virtual simulation far exceed its drawbacks. With the 
continuing exponential increase in computing power and software development and with 
new advances in physical testing, the above disadvantages should diminish within a few 
years.
1.4 Objectives
The objectives o f this work are:
1. To use CATIA and ADAMS software to develop a high-fidelity, multi-degree-of- 
ffeedom dynamic model o f a full automobile that includes all major suspension 
components.
2. To perform a modal analysis on the model to determine the mode shapes o f the 
vehicle as well as to observe whether components are behaving realistically.
3. To use data obtained from a physical vehicle on a road test simulator to drive the 
model so as to accurately replicate the behavior o f a real vehicle on a road test 
simulator.
4. To compare outputs from the virtual model and the physical vehicle by comparing 
power spectral density plots in order to determine the degree o f correlation 
between virtual and physical testing.
5. To change bushing properties o f suspension components and to observe the 
effects o f these changes.
10
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Chapter 2 Review o f Literature
2.0 General
This chapter will present previous and ongoing efforts in the area o f computer 
simulation and how they relate to the current research. Some of the fundamentals o f 
multibody dynamics will be reviewed and a brief description o f the software used in the 
current research will be given. Finally, the road test simulation process will be examined.
2.1 Previous Efforts
As Grote and Sharp {11} note, vehicle road testing has been a necessary activity 
in the automotive development process since the early 1900s. In the early days o f the 
industry, prototype vehicles were tested on public roads under typical driving conditions. 
However, repeatability became an issue as road conditions and driving patterns were 
difficult to replicate on a consistent basis. Some 25 years ago, laboratory testing was
11
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introduced. It had a tremendous effect on the development time o f vehicles, reducing 
physical testing time from months on the proving ground to weeks in the laboratory.
As explained by Grote and Sharp {11}, the past decade has seen a rapid advance 
in computer based prediction and analysis tools. These tools allow for parts and 
assemblies to be constructed and their behavior predicted in the virtual world o f computer 
simulation. With the dramatic increase in the power and speed of today’s computers, 
virtual prototyping and computer simulation has emerged as the norm. Ledesma and 
Eshelman {20} comment that multibody solvers like ADAMS have evolved from tools 
used for troubleshooting field problems. They are now being used as virtual prototyping 
tools for vehicle system dynamics that are fully integrated into the new product 
development process.
O f major interest to the current research is the use o f computers to determine the 
location and magnitudes o f loads with respect to time. Pompetzki {26} mentions that the 
primary function o f multibody dynamics is to predict loads. These loads can be used to 
define the service environment for a component -  a critical input for durability analysis.
A large number o f papers have been published on the use o f computer simulations 
to predict dynamic loads and stresses, ultimately leading to durability analysis. A review 
of the major publications relevant to the present research is presented below.
Huang et al. {15} performed durability analyses on two automotive structures. In 
the first structure, road loads were applied directly to the frame and in the second, road 
loads were applied at the four spindles o f the vehicle. Both dynamic and quasi-static 
durability analyses were performed. Stresses and strains were computed using 
MSC/NASTRAN and a new technique for reducing computational time called Vehicle
12
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Durability Identification (VDI). The results o f the dynamic analysis were compared with 
those o f the quasi-static analysis. These results showed that dynamic analysis predicted 
that elements o f the structures had shorter fatigue lives.
Suh et al. {32} document a procedure used to obtain the dynamic stresses o f 
vehicle components by flexible multibody dynamics simulation. The authors wanted to 
predict dynamic stresses in a vehicle’s frame as it drove over a zigzag bump at 40 km/h. 
A full rigid-body model was first developed using kinematic joints and bushings to 
connect the various suspension components together. Then, a finite element model o f the 
frame was constructed and imported into the larger model. The authors used DADS 
(Dynamics Analysis and Design System) for the multibody analysis and MSC/PATRAN 
and MSC/NASTRAN to perform finite element analysis. Although only one simple 
vehicle maneuver was investigated, results gained from these tests showed a correlation 
between accelerations on the virtual and physical vehicles. Also, by using a flexible 
frame model as opposed to a rigid one, an improvement o f 14% was observed in the 
calculation o f dynamic stresses.
Ewanochko et al. {7} used an integrated approach to predict the stresses, strains 
and fatigue failure for a John Deere Flex-Wing rotary cutting device. ProEngineer (an 
integrated CAD and analysis package) was used to create the geometry, ADAMS was 
used to determine the location and magnitudes o f loads, ANSYS (a finite element 
analysis software package) was used to perform the finite element analysis and FE- 
Fatigue (a fatigue life software package) calculated the fatigue life. Due to the large 
number o f welds required to fabricate the cutter, the authors wanted a prediction o f the 
fatigue life o f the material at these welds during “bump testing” (simulation o f the jarring
13
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and twisting that a cutter experiences when running over large bumps or rocks). With the 
aid o f an ADAMS module, flexible bodies were employed to model deformation o f the 
cutter’s components. Reasonably accurate results were obtained and, by comparing 
photos from physical tests, it was evident that failure o f welds did occur at the 
approximate fatigue life cycles predicted by computer simulations.
In the papers discussed above, remarkably accurate stress, strain and fatigue life 
predictions were obtained through computer simulation. The current research aims to 
build upon these experiments by modeling a full vehicle under loading from a road test 
simulator. Companies such as Mechanical Dynamics Incorporated (MDI) and MTS 
Systems Corporation (MTS) are in the process o f building a fully integrated approach to 
durability analysis. However, full vehicle simulation for the purposes o f durability 
testing, using a model with all suspension components, connective elements (including 
bushings, non-linear springs and non-linear dampers) and inputs derived from road test 
simulator (RTS), is a relatively new area. Although it is probable that vehicle 
manufacturers are investigating this approach at present, open literature on this topic is 
sparse. The focus o f the current research will be on the behavior o f the virtual model 
itself, which is used to predict the location and magnitude of the loads, rather than on 
actual durability analysis. The aim of the present study is to establish a working dynamic 
rigid body model o f a full vehicle that will serve as the foundation for future additions 
such as flexible bodies and empirical dynamic models (EDMs).
14
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2.2 Theory of Harmonic Motion
Consider Figure 2.1, which shows a one-dimensional block, attached to the 
ground by a spring.
Figure 2.1 Diagram o f a one-dimensional block attached to a spring which, in turn, is 
attached to the ground. The block has a displacement, z, and a mass, m. 
The spring has a spring constant, k.
Springs apply forces proportional to displacement in the form of:
Fs = -k z  2.1
Where:
Fs -  Force developed by spring 
k  -  Spring constant
z -  Displacement o f block in vertical direction
Assuming that the block has already reached static equilibrium (gravity is 
ignored) and by using Newton’s laws and a free body diagram, the equation o f motion for 
the block is:
15
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m i -  F =  —kz
or
m i + kz = 0 2.2
Where:
m -  Mass o f block 
k -  Spring constant
z -  Displacement o f block in vertical direction
It is assumed that the motion of the block is sinusoidal and takes the form:
z(t) = A sin(®t) 2.3
Where:
A -  Amplitude o f vibration 
(o -  Frequency of vibration 
t -  Time
Differentiating Equation 2.3 twice gives Equation 2.4:
z - - A ( o 2 sin(ntf) 2.4
Substituting Equations 2.3 and 2.4 into Equation 2.2, dividing out the sin(<yt) and 
A terms and rearranging gives:
— mat1 + k  = 0
16
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Solving for a> yields:
a> = 6)n = — 2.5
V m
Where con is the natural frequency of the system, or the frequency at which the 
block would oscillate if  it were initially displaced by a small amount.
Viscous damping applies forces proportional to the velocity o f the system in the 
form of:
Fd = -c z  2.6
Where:
Fd -  Force developed by damper
c -  Damping constant 
z  -  Velocity o f block
m
Figure 2.2 Diagram of a one-dimensional block attached to a spring and a damper.
These, in turn, are attached to the ground. The block has a displacement, z, 
and a mass, m. The spring has a spring constant, k, and the damper has a 
damping constant, c.
17
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If damping were added to the spring and block system as shown in Figure 2.2, the 
equation o f motion would become:
mz + cz + kz = 0 2.7
Inman {17} shows that the solution o f Equation 2.7 has the form of Equation 2.8:
z(f) = Kex‘ 2.8
Where:
e -  Natural number = 2.71828 




z = x 2Kex‘ 2.10
Equations 2.8-2.10 can be substituted back into Equation 2.7 to obtain:
(m x 2 + cx  + = 0  2.11
Since Kext *  0 , it can be divided out leaving:
mx2 +cx + k = 0 2.12
18
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Equation 2.12 can be solved using the quadratic formula to obtain values for % .
%\2 = — — Vc 2 - 4  km 2.13
2m 2m
Critical damping occurs when the discriminant, Vc2 -4 k m  , equals zero. This 
makes critical damping a function o f stiffness and mass.
ccr = 2 4km  2.14
The damping ratio, £ ,  is the ratio o f the actual damping to the critical system 
damping:
C = —  = — - —  2 15
^ 2 4km
With damping present in a system, three different types o f transient responses are 
possible. The system can be underdamped (£  < l ) , critically damped (C, = l) or 
overdamped > l ) . The responses are shown in Figure 2.3.
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Time
Figure 2.3 Graph o f time vs. displacement illustrating the transient response o f an 
underdamped system (solid line), overdamped system (dashed) and a 
critically damped system (dotted).
When the system is overdamped, the solution has the form o f Equation 2.16:
z{t) = e  -£cont
y  -ij/




a - v o +1 od
( - c + J e 1 <°„z o 2.17
a 2od =
+ (^  + a/ ^ 2
2con^ \
2.18
z0-  Initial displacement 
v0 -  Initial velocity
20
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When the system is critically damped, the solution has the form: 
z(t)=(ai cd+ai cdty^ 2.19
Where:
a 2cd =  V 0 + O } u Z 0
2.20
2.21
When the system is underdamped, the solution has the form:
z(0  = Aude - ^  sin(®d +</>ud) 2.22
The value o f Aud and the phase change, (j)nd , are related to the initial conditions o f 
the system and are determined by Equations 2.23 and 2.24.
Aud ~
(v0 +fconz oy  + (z0O)df
2.23
Ad = tan -1 z o < °d
V0 + & n Z 0
2.24
Where 03d , the damped natural frequency is calculated from Equation 2.25:
2.25
A key area o f harmonics and vibrations that relates to the current research is the 
harmonic excitation o f damped systems. That is when a sinusoidal force is used to drive a 
system that has viscous damping. In the current research, this is exactly what is
21
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happening to components on the vehicle - they are being excited by a complex array o f 
sinusoidal forces from the road test simulator.




Figure 2.4 Diagram o f a harmonically-excited one-dimensional block attached to a 
spring and a damper. These, in turn, are attached to the ground. The block 
has a displacement, z, and a mass, m. The spring has a spring constant, k, 
and the damper has a damping constant, c. The driving force varies with 
time and has the form F(t) where F(t)=Focos<ot.
The equation o f motion for the system in Figure 2.4 is as follows:
mz + cz + kz = F0 cos(a>rt) 2.26
Dividing by the mass, substituting in Equation 2.5 and Equation 2.15 and 
manipulating yields:
22
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z + 2£conz + COn2z = f 0 cos(cof t) 2.27
Where:
J  o m
F0 -  Amplitude o f applied force 
co f  -  Driving frequency
Inman {17} notes that the response o f a forced, damped system is a harmonic 
function with the same frequency as the driving force, but with a different amplitude and 
phase. The phase shift occurs because o f the damping force.
The general response for the underdamped case has the form:
z(f) = Aufe ~ ^  sin(odt + 0„f )+ z ,lf cos(e>f t -  6uf ) 2.28
Where:
6uf = tan"1f  2C A
2 2 co„ -c o f V " f  J
^(o, ,2 - a /  f  + ( 2 C o na)f ) 2
2.29
Z uf =   -yr°   2.30
^ * -1 (Z0 _  Z u f COS 6 „ f )(/>uf = tan ------------------------------------- -----------------  2.31
v0 + (z0 -  Z uf cos duf X a n -  0)f Z uf sin Gu(
z . - Z „ c o . g ,  23 2
sm ^ (/
23
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An important phenomenon that occurs in the harmonic excitation o f damped 
systems is resonance. According to Inman {17}, resonance occurs when a harmonic 
driving force excites a system causing an unbounded oscillation in the undamped case 
and a response with maximum amplitude in the damped case. Resonance occurs in 
underdamped systems when the driving frequency is close to the peak frequency and
when the damping ratio is less than —\= . The peak frequency is defined by Equation
V 2
2.33 and is obtained by setting the differential with respect to frequency ratio o f Equation 
2.30 to zero and solving:
When the system is undamped, the equation collapses to cop -  con . For all
practical purposes, when damping is small, resonance occurs when the driving frequency 
is close to the natural frequency.
Manipulating Equation 2.30:
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Figure 2.5 Plot o f normalized amplitude vs. frequency ratio o f a harmonically 
excited damped system. Note the amplitude at resonance 
decreases with an increase in damping ratio.
Note that all curves have a magnitude o f 1 when the driving frequency is zero. 
The magnitude becomes a maximum when the driving frequency approaches the natural 
or peak frequency and asymptotically approaches zero as the driving frequency 
approaches infinity. The smaller the damping ratio is, the sharper and greater in 
magnitude the peak at a> = (op becomes.
Resonance also occurs in a similar manner when a system’s base is excited by a 
sinusoidally varying displacement as shown in Figure 2.6. This phenomenon is called 
base excitation.
25




Schematic showing a one-dimensional block being excited by 
















Plot o f displacement ratio vs. frequency ratio o f a harmonically 
excited damped system. The amplitude o f the displacement o f the block 
and the base are Zbi0Ck and Zbase respectively.
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Figure 2.7 shows the displacement ratio as a function of the frequency ratio. As in 
Figure 2.5, the displacement ratio reaches a maximum at the peak frequency.
Figures 2.5 and 2.7 illustrate how resonance generally causes a magnification in 
the magnitude, amplitude and displacement o f the system. In the present research, 
resonance is used to identify natural frequencies o f the physical vehicle.
2.3 Basic Vehicle Dynamics
A simple representation of rigid body vehicle dynamics is shown in Fig. 2.8. The 
diagram shows a simplified one-dimensional model o f a vehicle at one o f its wheels. The 
sprung mass represents the mass o f the body, while the unsprung mass represents the 














Figure 2.8 Diagram showing a free body diagram o f a quarter-car model. Zsm is the 
displacement o f the sprung mass (body) in the vertical direction, Zum is the 
displacement o f the unsprung mass (axle) in the vertical direction and Z r 
is the displacement o f the base (road) in the vertical direction. K* is the 
spring constant o f the spring, Cs is the coefficient o f damping o f the shock 
absorber and Kt is the stiffness o f the tire. Msm is the mass o f the sprung 
mass (body), mum is the mass o f the unsprung mass (axle), Fb is the force 
o f the body and Fw is the reaction force at the unsprung mass.
27
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Gillespie {10} shows that, by considering a free-body diagram (see Figure 2.8), 
the following differential equations are obtained for the sprung and unsprung masses:
M smZ sm + C X  + K sZ sm = CsZ um + K sZ um + Fb 2.35
m umZ um + C s Z um + (K s  + K t ) Z um = C s Z sm +  K s Z sm + K t Z r  + F w 2.36
Equations 2.35 and 2.36 (see Figure 2.8 for variable definitions) can be solved 
using methods found in classical harmonic motion textbooks. Although Figure 2.8 and 
Equations 2.35 and 2.36 are limited to dynamic behavior in the vertical direction, other 
dynamic equations o f motion can be derived, permitting the analysis o f the motion o f an 
automobile in all directions and rotations.
2.4 Basic Multibody Dynamics Theory
Multibody dynamics is the branch of physics that deals with the analysis o f 
systems o f interconnected rigid and deformable components. Shabana {30} notes that, in 
general, a multibody system is defined as an assembly o f subsystems called bodies, 
components and substructures. The motion o f the subsystems is kinematically 
constrained because o f different types o f joints, and each subsystem or component may 
undergo large translations and rotational displacements.
Rahnejat {27} notes that when calculation o f accelerations and velocities are 
performed without consideration given to forces and other factors that affect the motion 
o f points, a kinematic analysis results. If the forces and inertias that initiate changes in 
the state o f parts are included, a dynamic analysis results.
28
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Each three-dimensional body has six degrees o f freedom. It can translate in the x, 
y and z directions and can rotate about the x, y and z axes. Using joints, one can remove 
degrees o f freedom from an object, effectively preventing it from moving in certain 
directions. For example, a hinge or revolute joint removes five degrees o f freedom, 
allowing rotation in only one direction.
Joints can be attached to the ground -  the part of the system that is fixed and has 
zero absolute motion -  or they may be attached to another object. In multibody dynamics, 
joints are represented by constraint equations that define what degrees o f freedom exist at 
the joint.
Bushings, springs and dampers do not kinematically constrain motion (they do not 
remove degrees o f freedom) - they connect bodies together, using forces that are 
dependent upon motions such as displacement and velocity.
Rigid bodies are those in which two arbitrary points on an object cannot change 
position with respect to each other. Two coordinate systems are needed in order to 
describe their motion - a global system and a system fixed to the body itself. For each 
degree o f freedom, one equation is needed to describe the motion.
As stated by Shabana {30}, if  a centroidal body coordinate system is used, the 
translational equations are called Newtonian equations and the rotational equations are 
called Euler equations. These equations together are called Newton-Euler equations, 
which are expressed in terms o f acceleration and forces acting on the body and can be 
employed to describe an arbitrary rigid body motion.
Deformable bodies are those in which any two points on that body can change 
position relative to each other. The dynamic equations o f motion for deformable bodies
29
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are somewhat more complex than those for rigid bodies because additional coordinate 
systems are needed to account for deformation. They will not be discussed in the current 
research but are explained by Shabana {30}.
Shabana {30} reports the following matrix form o f the system of dynamic 





4 Q e  + Q v
0 . A Q c
2.37
M  =
M x 0 0 0 0
0 m 2 0 0 0
0 0 0 0
0 0 0 0








=[■#  — |#1 Q l    Q ndof \ 2.41
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M is the mass matrix o f the system while d>9 is the matrix o f the partial
derivatives o f constraint equations, <D. The constraint equations are a function o f the 
generalized coordinates o f the system, q. The form o f O can vary depending on the type 




0 (q ) = 0 2.42
0  = [ 0 1(9) <S>2{q) ...........  2.42a
0 (q ,t)  = 0 2.43
® = [ 0 , ^ , 0  0 2(q,t) ........... O n (q,t)]T 2.43a
0 (q ,q ,i)  = 0 2.44
0  = [d)i(q,q,t) ®2(q,q,t) .........  <D„ (q ,q ,t)f 2.44a
Constraint equations that can be written in form of Equations 2.42-2.44a are 
called holonomic constraint equations. If  the constraint equations are holonomic and 
contain the time variable “t” explicitly, they are called rheonomic and have the form of 
Equations 2.43 and 2.43a. If the constraint equations are holonomic and are not functions 
o f the time variable, “t”, the equations are called scleronomic and take the form of 
Equations 2.42 and 2.42a. If the constraint equations take the form of Equations 2.44 and 
2.44a (the constraint equations contain the velocity term q ) and the velocity term, q , 
cannot be integrated into the coordinate term q , the equations are called nonholonomic.
31
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Huston {16} notes that, in general, nonholonomic constraint equations result from 
restrictions on the velocities o f members o f the system, while holonomic constraint 
equations usually arise from restrictions on the configuration o f the system.
p II P
"
Qe2 - -  a . ] r 2.45
a  = [a, a 2 - -  s j 2.46
ll A2 ......... ■ 2.47
Qc = 2.48
Where:
Qe-  Vector o f externally applied forces
Qv -  Quadratic velocity vector that arises from
differentiating the kinetic energy with respect to time.
A -  Vector of Lagrange multipliers (used to determine the 
reaction forces at joints)
Subscripts in Equation 2.48 denote derivatives o f matrices with respect to that 
variable.
If a set o f initial conditions is provided, the acceleration vector, q , can be 
integrated to obtain the velocities and generalized coordinates.
Multibody dynamics software packages use a variety o f solvers for calculating the 
equations o f motion. The equations o f motion consist o f both kinematic and kinetic 
differential equations. These equations must also satisfy the algebraic constraint 
equations. The combination o f the differential and algebraic equations is called 
differential-algebraic equations and these must be integrated with respect to time to 
determine motions and forces in the system. The ADAMS solver uses a predictor-
32
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corrector numerical integration method to accomplish this task. ADAMS theory is 
discussed later in Section 3.5.
2.5 Software Used in the Present Research
A brief description o f each software package used for the current research is given 
in the following sections:
2.5.1 Computer Aided Three-Dimensional Interactive Application (CATIA)
CATIA is an acronym for Computer Aided Three-Dimensional Interactive 
Application and was developed by Dassault Systemes.
CATIA is a powerful computer-aided design (CAD) tool that was used to develop 
and assemble the geometry of the model. Vehicle component models were imported 
easily into CATIA through a connection to an automotive manufacturer’s vehicle parts 
database.
Some o f CATIA’s most useful features are its ability to quickly and accurately 
calculate the mass, volume, moments and products o f inertia for complex parts and 
assemblies by a simple series o f commands, thus reducing tedious hand calculations. 
CATIA also proves useful for measuring the coordinate location and Euler angle 
orientation (see Section 3.2) o f parts and axes.
In industry, CATIA is used mainly to develop geometry, packaging and assembly 
o f parts. However, it has a number o f modules that can be used to perform a wide range 
o f tasks ranging from kinematics analysis to finite element analysis.
33
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2.5.2 Automatic Dynamic Analysis of Mechanical Systems (ADAMS)
ADAMS is an acronym for Automatic Dynamic Analysis o f Mechanical Systems 
and was developed by Mechanical Dynamics Incorporated (MDI). The ADAMS software 
package used for the present research is composed of two modules -  ADAMS/View and 
ADAMS/Solver. MDI {22} describes ADAMS/Solver as a powerful numeric analysis 
application that automatically solves the equations o f motion for kinematic, static, quasi­
static and dynamic simulations. ADAMS/View is the graphic user interface that is used to 
interact with ADAMS/Solver. The combination o f ADAMS/View and ADAMS/Solver in 
the current project will be referred to simply as ADAMS.
For the current research, ADAMS was used to conduct multibody simulations, 
static analyses and to compute the linear modes o f vibration. Using CAT/ADAMS, a 
toolkit designed to interface with CATIA and ADAMS, component models and their 
properties can be directly imported from CATIA.
Though ADAMS takes some time for the user to learn, it is a remarkably 
powerful tool. One o f the great features o f ADAMS is the ability to model non-linear 
properties. For example, springs, dampers and bushings can be modeled easily using 
splines. A spline is a collection o f simple functions (usually polynomial functions) that 
are connected together to form one large, complex, continuous function over a finite 
interval. Splines can also used for modeling random signals generated by road test data. 
Data points for these splines can be imported from text files or entered manually into 
ADAMS in a tabular format.
Joints and forces are also easy to create in ADAMS. The main toolkit provides a 
set o f predefined joints (spherical, cylindrical, revolute, etc.) and, if  so needed, further
34
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degrees o f freedom can be removed by setting motion in a particular direction or rotation 
to zero.
ADAMS uses “markers” to determine the locations and orientations o f objects. 
Markers are local coordinate systems that have a location and orientation. Markers can be 
attached to parts or can be attached to the ground -  the part of the system that is at 
absolute rest. A rigid body is defined to be a set o f mass and inertia properties attached to 
a centre o f mass marker and, if  inertia properties are defined relative to another 
coordinate system, an inertia marker. Joints, forces and motions require two markers -  an 
“I” marker and a “J” marker. The I marker is a coordinate system rigidly attached to the 
first body and the J marker is a coordinate system rigidly attached to the second body. 
ADAMS uses the translational and rotational distances, velocities and accelerations 
between these two markers to calculate forces and motions between the two bodies.
Charts displaying forces and motions with respect to time can be created easily in 
ADAMS. By selecting the object and choosing the property to be measured, a graph is 
created that can be used to monitor the behavior o f the model.
A variety of solvers are available in ADAMS to solve the dynamic equations o f 
motion. MDI {22} lists them as ABAM (Adams-Bashforth-Adams-Moulton), Constant 
BDF, DSTIFF (DASSL stiff), GSTIFF (Gear stiff) and WSTIFF (Wielenga stiff). The 
default solver, GSTIFF, with the 13 setting (Index 3) was selected due to its high speed, 
high accuracy o f system displacements and robustness in handling a variety o f analysis 
problems. The GSTIFF integrator will be more thoroughly explained in Chapter 3.5.4.4.
ADAMS can compute linear modes o f vibration with the ADAMS/Linear 
module. For this to be accomplished, a static equilibrium is performed. Then, using a
35
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function in ADAMS/Linear, the linear modes, as well as the frequencies and damping 
ratios o f the system, are computed and displayed in a tabular format. Also, mode shapes 
can also be observed in animations. This offers an excellent way o f debugging the model 
and verifying if  parts are oscillating at acceptable frequencies.
2.5.3 CATIA to ADAMS Translation Module (CAT/ADAMS)
CAT/AD AMS is a software toolkit in CATIA, which provides a seamless method 
of importing CATIA models into ADAMS.
CAT/ADAMS is accessed from a menu in CATIA. The main purpose of 
CAT/ADAMS is to allow kinematic models created in CATIA to be exported to 
ADAMS.
By providing a material density, the mass and inertia properties o f vehicle 
components can be calculated. These can then be directly exported to ADAMS. 
“Hardpoints” are coordinate systems that are fixed in space and can be created at points 
o f interest. These hardpoints allow the user to place markers, force elements and inputs at 
key locations in ADAMS.
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2.5.4 nSoft
nSoft, by nCode International, is a fatigue life analysis software package that 
contains a number o f modules that allow manipulation and processing o f time history 
data.
Modules used include:
1. ART -  Arithmetic Manipulation
ART is a program that takes an input file and processes each point through an 
arithmetic operation or function. It can handle time histories, X-Y files or 
histograms. The ART module was used in the current research to remove mean 
values and to perform unit conversions on time histories.
2. ASD -  Auto Spectral Density
This module performs frequency analysis o f a time history series, the results of 
which provide information about the frequency content o f that series. This 
program was used to create power spectral density plots o f time history data.
3. COE -  Multi-file Signal Browse, Edit and Create Utility
COE is an interactive, multi-file, data manipulation utility that was used to 
view and edit binary format, time history files.
4. DTA -  Binary to ASCII Conversion
This program takes a binary input file and converts it to an ASCII text file. DTA 
was used in the current research to convert binary file time histories into text files
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with a column format. This was necessary so that these time histories could be 
imported into ADAMS.
5. MFD -  Multifile Display
The MFD module plots single parameter data files. The files may contain any 
type o f sequential data including time series, power spectra, etc. Multiple data 
plots can be overlaid, cross-plotted or plotted separately.
6. REMDAC -  Remote Parameter Control (RPC) to Digitized Analogue 
Channel (DAC) Conversion
REMDAC was used to transfer data from Remote Parameter Control (RPC) 
format to a Digitized Analogue Channel (DAC) file. The program allows 
selection o f the RPC file, the channels, the output filename, the amount o f data 
and whether a processing report is produced. RPC format is the format used in the 
road test simulation laboratory to store all channels o f time history data from a 
particular data set in one file. The DAC file format contains one channel o f time 
history data in a single file. In order to use the other data processing and 
manipulation modules in nSoft (see Modules 1 - 5 ,  7), the file must be in DAC 
format.
7. ITGDFT -  Integration / Differentiation
The ITGDFT module integrates and differentiates time history signals. It was 
used to differentiate the time history signals o f the displacements o f the local 
responses in Section 5.4.
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2.6 Road Test Simulation
The road test simulator used for the purposes o f this project is a 16 degree-of- 
ffeedom (4 DOF per wheel), multi-axial system and is shown in Figure 2.9. It can 
accurately simulate road conditions and apply them to a test vehicle according to edited 
field-recorded time history data.
Figure 2.9 Photo o f a typical vehicle attached to a 16 degree-of-freedom road test 
simulator.
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In the present research, braking torque was not used as input during the road test 
simulation process.
The signals that produce the above inputs are derived from vehicle response data. 
This data is obtained through field data acquisition sessions on a test track at a proving 
ground.
Essentially, there are six steps to the road simulation process:
Step 1: Record field data
Step 2: Transfer, analyze and edit the data
Step 3: Measure system frequency response function
Step 4: Estimate drive file
Step 5: Calculate error and iterate
Step 6 : Execute durability sequences
2.6.1 Record Field Data
The vehicle is instrumented with an array o f transducers, each o f which measure 
one channel o f data, that are connected to an onboard data acquisition system. This 
system, shown in Figure 2.10, includes transducer interface (TI) boxes that interpret and 
process signals from the wheel-force transducers and a Megadac 6510DC that provides 
signal conditioning and digitally records the time histories for all transducer 
measurements while the vehicle is being driven.
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Figure 2.10 Photo o f the Megadac 651ODC onboard data acquisition system and TI 
boxes as they were mounted in the passenger’s seat o f the test vehicle.
This photo was taken looking into the vehicle from just outside the 
passenger’s side door.
After the test drive has been completed, a laptop computer is used to download 
the recorded time history information from the data acquisition system. This data is called 
“raw data” and is sampled at a rate o f 409.6 samples per second per channel. As MTS 
{23} notes, this sampling rate is optimal for RTS purposes. It ensures a sufficient number 
o f data points to prevent aliasing and keeps the recorded data to a manageable size.
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2.6.2 Transfer, Analyze and Edit the Data
After the data has been captured, it is downloaded to a PC in the testing lab. Using 
software provided by the road test simulator manufacturer, the data is examined for any 
abnormalities such as spikes or dropouts. If malfunctioning transducers are cause o f the 
spikes or dropouts, these sections o f data are removed as they could cause premature 
failure o f the vehicle or could be harmful to the simulator. If  the spikes are an important 
part o f the road then an alternative is to use a repeated run o f the particular time history 
data - usually, several data acquisition sessions o f one particular road are conducted.
Periods o f time where forces are at a minimum (e.g. flat road) and are thought to 
cause little damage to the vehicle are removed. This helps to reduce the time needed for 
durability testing in the lab.
The vehicle performs turns (front wheels rotate around the steering axes) at the 
proving grounds and does not on the road test simulator. As a result, the axis system of 
the wheel force transducers at the front wheels is constantly changing. A steering 
correction algorithm is applied to the data to resolve the forces and moments measured at 
the front wheels into forces and moments at 0 degrees steering angle. After the above 
steps have been completed, the file is termed the “edited data”.
The channels in the edited data are band-pass filtered, typically to remove 
frequencies below 0.6 Hz and above 50 Hz. This is to remove low frequency maneuvers 
that could cause the road test simulator to exceed the maximum displacement (see 
Section 5.1) in the vertical, longitudinal and lateral directions as well as to remove any 
high frequency noise. Although the removal o f these frequencies may have slight effects 
on the durability characteristics o f the vehicle, these effects are considered to be small.
42
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
The file that contains these filtered, edited, steering corrected data channels is known as 
the “desired file” and the channels themselves are known as the “desired responses”.
2.6.3 Measure System Frequency Response Function
MTS {23} explains that the objective o f measuring the Frequency Response 
Function (FRF) is to calculate a relationship between the inputs to the system (forces and 
motions from the road test simulator) and the outputs o f the system (measured outputs 
from transducers on the vehicle). The FRF is used in Section 2.6.4 to determine the set of 
instructions that tell the road test simulator what forces and motions to apply to the 
vehicle - also known as the “drive file”.
To determine the FRF, the wheels o f the vehicle are removed and the automobile 
is mounted to the road test simulator. All instrumentation from the proving grounds is left 
in its original position except for the wheel force transducers, which are removed from 
the tires and mounted on the simulator at the spindles. These transducers are used to 
measure the responses o f the vehicle under loading from shaped white noise input 
signals. What is meant by “shaped” is that the amplitude o f the white noise is a 
continuous function of frequency and usually has the form of Equation 2.49.
Where:
Awn -  Amplitude o f white noise inputs 
f mi -  Frequency of white noise inputs 
s -  White noise equation exponent (usually 1 or 2)
Cwn -  White noise equation coefficient
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This means that the white noise has high amplitudes at low frequencies and low 
amplitudes at high frequencies. Without shaping, high amplitude forces and 
displacements at high frequencies would cause catastrophic failures o f the road test 
simulator and the vehicle.
Figure 2.11 illustrates how the system inputs are related to the system outputs. 
The vehicle and simulator can be thought o f as a type o f transfer function.
W hite Noise Drive White Noise Response
Inputs V(t) Outputs W (t)
------------------ ► --------------- ►
m
Vehicle /  Simulator
k.w
W =H V
Figure 2.11 Block diagram showing how the system inputs, v ( t ) , are related to the 
system outputs, W(t), on the road test simulator. In determining this 
relationship, called the FRF or frequency response function, / / ( / ) ,  white 
noise drive inputs are sent out and the responses to these inputs are 
measured simultaneously.
The FRF o f the system is calculated by dividing the cross spectral density o f the 
white noise drive inputs and the white noise response outputs with the autospectral 
density o f the white noise drive inputs. MTS {23} explains how the FRF is calculated 
with Equation 2.50.
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2.50
Where :
R w ( f )  -  Cross-spectral density o f the input V (t) and the output W(t) 
Rw ( / )  -  Autospectral (power spectral) density o f input V (/)
H ( / )  -  Frequency Response Function (FRF)
The cross-spectral and autospectral density functions are explained in Section 
3.4.2. The FRF, is a complex number with real and imaginary parts shown in Equation




H r ( / )  _ Real part o f Frequency Response Function 
Hj  ( / )  -  Imaginary part o f Frequency Response Function
2.52
The phase o f the system is calculated by:
2.53
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2.6.4 Estimate the Drive File
After the FRF has been calculated, it is used to obtain an estimate o f the initial 
drive file o f the system as shown in Equation 2.54 and 2.55.
The Fourier transform is used to convert the desired responses into the frequency 
domain. MTS {23} describes the process:
W = HV 2.54
V ( f )  = m f ) T 1W ( f )  2.55
By inverting the FRF and multiplying it by the desired responses, the inputs to the 
system can be approximated. Once the estimated input signals are computed, they can be 
converted to the time domain by the Inverse Fourier Transform (see Section 3.4.1 -  
Equation 3.34). The file containing the initial estimate o f inputs to the system is called 
the “initial drive file”. This is because the FRF is calculated using a linear systems 
approximation. The real system is non-linear. An iterative process is used to correct the 
drive file and remove error associated with non-linearities.
2.6.5 Calculate Error and Iterate
The initial drive file is used as an initial estimate for the iterative process. 
Differences between the proving grounds and the road test simulator environments (see 
Section 5.1) make it extremely difficult to achieve convergence in all o f the vehicle’s 
responses during the iterative process. Because o f this fact, a number o f channels from 
the “remote responses” (data collected from transducers onboard the vehicle) o f the 
physical vehicle are selected to be control channels. This means that the responses o f
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these channels are compared to those o f the corresponding desired responses during the 
iteration process. Control channels commonly used for the iterative process are vertical 
accelerations on the axles and wheel forces at the spindles. In the present research, 20 
control channels were used for the iterative process and are denoted by asterisks in Table
4.6 (see Section 4.4.4).
Unfortunately, channels not monitored during the iterative process may differ 
significantly from those o f the desired responses. As mentioned previously, this is 
attributable to the highly non-linear behavior o f the vehicle and differences between the 
road test simulation laboratory and proving ground environments.
MTS {23} explains that the input signals from the initial drive file are sent out to 
the simulator and transducers on the vehicle record the remote responses. The difference 
between the responses o f the vehicle and the desired responses is multiplied by the 
inverse FRF function to achieve a correction value. This value is added to the previous 
drive file to achieve an incremental correction o f the initial drive file. The new drive file 
is used as the new signal for the simulator. This process is repeated until convergence is 
achieved in the control channels -  until the difference between the desired responses and 
the remote responses reduces by a predefined amount.
At the end o f this process, the data obtained is called the called the “drive file”. 
The drive file comprises the set o f instructions that determine the movements o f the road 
test simulator during durability testing. It also governs the correct magnitudes and 
phasing o f forces applied to the vehicle.
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2.6.6 Execute Durability Test Program
Usually, durability test programs include many types o f road surfaces and several 
payload configurations. These requirements are prescribed in a proving grounds test 
schedule. Each road profile and loading condition requires a unique drive file to be 
created. These drive files are then joined together using software provided by the road 
test simulator manufacturer in a sequence. This sequence is intended to simulate the 
proving grounds durability schedule. The durability simulations are usually broken up 
into segments so that inspections o f the vehicle may be performed and changes in vehicle 
payload may be made. If the vehicle is damaged during the test, repairs are made and the 
test is continued.
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Chapter 3 Theory and Concepts
3.0 General
This chapter describes several key theories that are relevant to the current 
research. The reference coordinate system used for the physical vehicle and for the 
ADAMS model is explained. The concepts o f Euler angles, mass properties, moments 
and products o f inertia are reviewed. The Fourier transform and Power Spectral Density 
functions are also described, which are o f paramount importance in the correlation o f the 
ADAMS model with the physical vehicle. To help the reader understand the basic 
principals o f multibody dynamics and how ADAMS works, multibody dynamics theory 
is discussed along with the ADAMS solver and the algorithm used to solve the equations 
o f motion. Finally, the last section describes modal analysis and how it relates to the 
current project.
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3.1 Coordinate System of Virtual and Physical Vehicles
In the current research, the global coordinate reference system used to describe 
locations and orientations o f the physical and virtual vehicles and their components is 
shown in Figure 3.1.
+Z
-Z
Figure 3.1 Diagram showing alignment and polarity o f vehicle coordinate
reference system. Drawing o f automobile was taken from documents 
supplied by an automobile manufacturer.
The x axis is directed longitudinally along the vehicle and parallel to the road 
plane. The y axis is directed laterally across the vehicle and parallel to the road plane and 
the z axis is directed vertically upwards, normal to the road plane. The positive x axis is 
directed towards the rear o f the vehicle, the positive y axis is directed towards the 
vehicle’s right and the positive z axis is directed upwards.
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The orientation o f the axes shown in Figure 3.1 is according to SAE {31} 
standards. The polarity o f the axes shown in Figure 3.1 is specific to standards prescribed 
by the automobile manufacturer.
3.2 Euler Angles
Rahnejat {27} notes that the orientation o f a body in space with respect to a given 
fixed reference frame can be described by three successive rotations o f its local rotating 
reference frame. Euler angles describe a sequence o f three rotations o f a body. Several 
sequences are possible but one o f the most commonly used is the 3-1-3 rotation system. 
In fact, it is this sequence that ADAMS uses to calculate rotational displacements, 
velocities and accelerations. The 3-1-3 angles are represented by the symbols y/,6  and <f> 
as shown in Figure 3.2.
First Rotation - Around 
Z-Axis
Second Rotation - Around 
New X-Axis









Figure 3.2 Diagram showing the 3-1-3 (Z-X-Z) Euler angle rotation sequence.
The object is first rotated about the z axis (axis 3), then about the new x 
axis (axis 1) and finally about the new z axis (axis 3). Numerical 
subscripts denote the axes o f the body coordinate system after the 
corresponding rotation (i.e. X2, y2 and Z2 are the axes o f the body 
coordinate system after the second rotation).
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The body is first rotated about its z axis (axis 3) then about the new x axis (axis 1) 
and then finally about the resultant z axis (axis 3). In other words, it is a sequence o f three 
consecutive rotational transformations.
An adaptation of Shabana’s {29} transformation matrix used to determine the 
vectors o f the new axis after successive rotations o f y/,9  and ^  in the 3-1-3 system is 
shown in Equation 3.1. If  the Euler angles y/,9  and <f> are substituted into Equation 3.1, 
the results are the direction cosines -  unit vectors that define the new orientation o f the 
body.
-̂ 313 —
cos <p cos y/ -  cos 6  sin y/ sin (f> cos ̂  sin ^  + cos 6  cos y/ sin (f> sin 6  sin <f>
-  sin (j) cos y/ -  cos 6  sin y/ cos (f> -  sin </> sin y/ + cos 6  cos y/ cos (j) sin 6  cos (j> 
sin 9  sin \j/ - s in #  cos ̂  cos 9
3.1
3.3 Moments and Products of Inertia Theory
3.3.1 Mass Moments of Inertia
The translation motion of a body is governed by Newton’s equation o f motion:
y . F  = ma 3.2
Where:
F  -  Force 
m -  Mass 
a -  Acceleration
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The rotational motion o f an object is governed by an equation in the form of:
= l a  3.3
Where:
M  -  Moment 
/  -  Moment o f inertia 
a  -  Angular acceleration
In other words, the sum of the forces in a direction equals the mass o f the body 
multiplied by its acceleration in that direction. Also, the sum of moments about an axis 
equals the moment o f inertia about that axis multiplied by the angular acceleration o f the 
body about the axis.
Determining an object’s mass is a relatively easy task. This is because mass is an 
absolute quantity -  it does not depend upon the object’s orientation or location in space. 
Mass can be easily measured using a common scale or, if  one knows the density and the 
volume o f an object, it can be found using Equation 3.4.
m = p V  3.4
Where:
m -  Mass o f object 
p  -  Density o f material 
V -  Volume o f object
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Determining moments o f inertia is a somewhat more complicated task. Inertia 
moments depend upon the body’s distribution o f mass in the object’s geometry. Hibbeler 
{14} explains that moments o f inertia for an infinitesimally small element, d m , are the 
product o f the mass o f the element and the square o f the shortest distance from the axis to 




Figure 3.3 Diagram showing how the moments o f inertia for an infinitesimally 
small element, dm, are calculated. Dashed lines indicate the shortest 
distance from the axes to the element, dotted lines indicate the x, y 
and z distances from the origin and the large dot represents dm.
In Figure 3.3, rx = Aj y 2 + z 2 so the mass moment of inertia about the x axis is:
d l^  - r x d m - { y 2 + z 2)dm 3.5
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The moment o f inertia I xx for the entire body is determined by integrating the 
above expression to get:
7xc = f rx dm=  f ( y 2 + z 2)dm 3.6
J m  J m
If the body consists o f material having a variable density, p  = p (x , y , z ) the 
differential mass o f the body may be expressed in terms o f its density and volume as 
dm = pdV  . Substituting this into Equation 3.6 gives:
l a = i r , 2pdV = l i y 1 + z 2)pdV 3.7
If  p  is constant, it can be factored out o f Equation 3.7 and the integration is 
simply a function of geometry:
l „ = l r , 2pdV = p \ y + z , )dV 3.8
Equation 3.8 contains a volume integral which requires triple integration -  one 
integration each for d x , dy and d z . This can be a tedious task if  done by hand 
calculation but a computer software package such as CATIA can compute moments of 
inertia for complex shapes quickly.
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The moments o f inertia for each axis can be written as follows:
I c = i r , 1pdV  = p l ( y 2 + z 2)dV 3.9
! yy  =  \ r r y  P * 7  =  + z 2 ) d V 3.10
I zz= \vrz2pdV  = p \ v (x 2 + y 2)dV 3.11
The moment o f inertia is always a positive quantity because it is the product of 
volume, density and summation o f distances squared, all of which can only have positive 
values.
In order to fully describe the inertia properties o f a body in three-dimensional 
planar kinetics and dynamics, six additional properties called products o f inertia are also 
required.
3.3.2 Products of Inertia
The products o f inertia for a differential element, d m , are defined with respect to 
a set o f two orthogonal planes as the product o f the mass of the element and the 
perpendicular (or shortest) distances from the planes to the element. For example with 
respect to the xy and yz planes, the product o f inertia, d lxz, for the element, d m , shown 
in Figure 3.3 is:
d lxz = xz dm 3.12
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Note that d lxz = d lzx. By integrating over the entire mass, the product o f inertia o f 
the body for each combination o f planes can be expressed as:
I „ = I y x = \ xy d m  3.13
I r- = I : y = \ myz d m 3.14
3.15
Substituting dm = pdV  into Equations 3.13-3.15 and, assuming that p  is 
constant:
The quantities in Equations 3.16-3.18 are triple integrals that can be most 
efficiently calculated using a computer. Unlike moments of inertia, products o f inertia 
may be positive, negative or zero depending on the signs of the two defining coordinates. 
Another interesting point to note is that if  either one or both of the orthogonal planes are 
“planes o f symmetry” for the entire mass, the product o f inertia with respect to these 
planes will be zero. This occurs because elements o f mass will occur in pairs located on 
each side o f the plane o f symmetry. On one side o f  the plane the product o f inertia for the 
element will be positive while the product o f inertia for the corresponding element on the
p i * y  d r 3.16
p\ryzd v 3.17
h, = p\™ dr 3.18
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opposite side will be negative, causing the sum to yield a result o f zero. In other words, 
these two elements will cancel each other out.
The inertia properties o f a body are completely characterized by nine terms, six of 
which are independent o f one another. This set o f terms is defined using Equations 3.9- 






This matrix of Equation 3.19 is called the “inertia tensor” and has a unique set of 
values for a body when it is computed for each location o f the origin and orientation of 
the coordinate axes.
In general, for an arbitrary point, we can specify a unique axis orientation for 
which the products o f inertia for the body become zero, when computed with respect to 
these axes. When this occurs, the inertia tensor has been “diagonalized” and takes the 
form of Equation 3.20.
X 0 0
II 0 Jy 0
i o 0 K
3.20
Where:
I td -  Diagonalized Inertia Tensor
The axis inclination at which the inertia tensor takes the diagonalized form o f 
Equation 3.20 is called the principal axis o f inertia. Here, I  x = I xx, I  y = I yy and I z = I z
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are called the principal moments o f inertia for the body. O f these principal moments of 
inertia, one will be a maximum and another a minimum of the body’s moment o f inertia.
3.3.3 Parallel-Axis and Parallel-Plane Theorems
The parallel-axis and parallel-plane theorems can be used to represent the inertia 
properties o f an object at one location with respect to an arbitrary position.
If  the moment o f inertia o f a body about an axis passing through the body’s mass 
centre is known, then the moment o f inertia about any other parallel axis may be 
determined using the parallel-axis theorem. Hibbeler {14} shows that the parallel-axis 




Figure 3.4 Diagram illustrating how the parallel axis theorem is derived. The centre 
o f mass o f the object is cm and ( x  , y ) is the location o f the infinitesimally 
small mass element, dm. The x ',y ' and z ' axes represent the coordinate 
axes at the centre o f mass. The z axis represents the new axis that is 
parallel to the z ' axis.
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The z  axis passes through the mass centre, cm , whereas the corresponding 
parallel z axis lies at a constant distance, d , away. Choosing a small element o f mass dm, 
which is located at point ( x  , y ), and using the Pythagorean theorem, r 2 = (d + x ) 2 + y 2, 
the moment o f inertia o f the body about the z axis is:
I  = I r 2dm =
J m
f [(d + x ) 2 + y 2 ]dm =
J m
[ ( x 2 + y 2)dm + 2 d \  xdm + d 2 [dm 3.21
J m  J m  J m
Since r 2 = x 2 + y :2, | (x 2 + y 2)dm represents I G . 2d \ xdm  is equal to zero
J m  J m
since the z' axis passes through the body’s mass centre. The third integral, d 2 [ d m ,
J m
represents the total mass m o f the body. Hence, the moment o f inertia about the z axis can 
be written as:
I  = I G +m d  3.22
Hibbeler {14} shows that by extending this theory, parallel-axis equations can be 
derived for each o f the three axes
I xx= ( I J G+ ’n(y2 + z 2) 3.23
I yy= i I yy) G+m{x2 + z 2) 3.24
7 zz = ( 7 z z ) g  +m( x2 + y 2) 3.25
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The parallel-plane theorem is used to transfer the products o f inertia o f the body 
from a set o f three orthogonal planes passing through the body’s mass centre to a 
corresponding set o f three parallel planes passing through some other point O.
Hibbeler {14} explains that the parallel-plane equations can be written as:
h y =(I xy) G+ mxy  3-26
I y z= (I yz)G +myZ 3‘27
= (I J G + mZX 3'28
The derivation o f these formulas is similar to that given for the parallel-axis 
equations.




Figure 3.5 Diagram showing how moments o f inertia are calculated about an 
arbitrary axis, Oa.
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Shown in Figure 3.5 is a rigid body where the elements o f the inertia tensor have 
been calculated for the x, y and z axes, having an origin at O. It is desired that the 
moment o f inertia o f the body about the Oa axis be calculated, for which the direction is 
defined by the unit vector ua. Hibbeler {14} explains that by definition, I Qa = J b 2d m ,
where b is the perpendicular distance from dm to O a . If the position o f dm is located 
using r, then b = r s in # , which represents the magnitude o f the cross product ua x r. 
Therefore, the moment o f inertia can be expressed as:
1 oa = f |( u a x r f  dm = f (ua x r) • (ua x r)dm 3.29
J m 1 1 J m
If it is assumed that ua = ux\ + uy j + uzk and r -  x\ + y\ + z k , so that 
ua x r  = (uyz - u zy)\ + (uzx - u xz)j + (uxy - u yx)k , after substituting and performing the 
dot-product operation, the moment o f inertia can be written as:
I Oa = \ m\ i U y Z ~ U z y ) 2 + ( U z X ~ U x Z ) 2 +  ( U x T  ~  U y x f  ] d m
- u x f ( y 2 + z 2)dm + u 2 f (z2 + x 2)dm + u 2 f (x2 + y 2)dm
J m  y  J m  J m
-2m  m I xydm—2u u \ y zdm —2u u \ zxdm 3.30
y  J m  y  J m
The integrals are the moments and products o f inertia o f the body. Equation 3.30 
becomes:
/_  = /  u 2 +1 u 2 +1  m 2 —21 u u —21 u u —21 u u 3.31Oa xx x yy  y  zz z  xy x y  yz  y  z  *** zx z  x
Thus, if  the inertia tensor is specified for the x, y and z axes, the moment of 
inertia o f the body about the inclined Oa axis can be found by using Equation 3.31. For
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the calculation, the direction cosines ux, uy and uz o f the axes must be determined.
These terms specify the cosines o f the coordinate direction angles ot, f5 ,y  made between 
the positive Oa axis and the positive x, y and z axes, respectively.
3.3.5 Rotation of the Inertia Tensor
To calculate the inertia tensor o f an object with respect to a different axis 
inclination at the same location in space, Kwon {19} shows that the transformation 
equation is:
' , = U „ A A ^ , J  3.32
Where:
I A -  Inertia tensor at axis inclination, A.
I B -  Inertia tensor at axis inclination, B.
Ab/a -  Transformation matrix (direction cosine matrix -  Equation 
3.1) o f new orientation, B, with respect to old axis 
inclination, A.
(Ab/aY  ~ Transpose o f transformation matrix (direction cosine 
matrix -  Equation 3.1) o f new orientation, B, with 
respect to old axis inclination, A.
The above transformation does not change the nature o f the inertia quantities 
themselves but simply describes them in a different coordinate reference frame. In the 
present research, rotation o f the inertia tensor was calculated by CATIA and was used in 
Chapter 4 to calculate the inertia properties o f components with respect to the full 
vehicle’s centre o f mass at curb position,
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3.3.6 Composite Bodies / Adding and Subtracting Moments of Inertia
If a body is constructed o f a number o f simple shapes such as disks, spheres and 
rods, the moment o f inertia o f the body about any axis can be determined by adding 
algebraically the moments o f inertia o f all the composite shapes computed about the axis 
o f interest.
However, if  the centre o f masses o f the constituent parts do not lie on the centre 
o f mass o f the main body, their moments and products o f inertia must be computed with 
respect to the centre o f mass o f the main body before addition or subtraction is possible. 
This can be accomplished through parallel-axis and parallel-plane theorems, as well as 
rotation o f the inertia tensor.
3.4 Signal Analysis
3.4.1 The Fourier Transform
Tongue {33} notes that the basic building block o f spectral analyses is the Fourier 
transform. Using the Fourier series transform equations, a signal can be transformed from 
the time domain to the frequency domain or vice versa. No information is lost when a 
signal is transferred from the time domain to the frequency domain -  the transform 
simply represents the signal in another form. The Fourier transform pair is explained in 
Hewlett {12} and is defined in Equations 3.33 and 3.34.
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S v ( / )  = J v(t)e j2n)idt (Forward Transform) 3.33
v(t) = J S v{ f ) e j2lf‘d f  (InverseTransform) 3.34
Where:
v(t) -  Time domain representation o f a signal
S v ( / )  -  Frequency domain representation o f the signal v(t)
j -  Complex number = V-T 
e -  Natural exponent [ ejB = cos(0) + j  sin(<9) ]
The Fourier Transform is valid for periodic and non-periodic signals. It is 
cumbersome to calculate by hand so it is usually calculated with the aid o f a computer. 
To compute the transform, numerical integration must be performed at discrete 
points. This gives an approximation to the true Fourier Transform. The method is called 





m -  0, ±1, ±2
A f  -  Frequency spacing of lines
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Since an integral is equal to the area under a curve, a method of evaluating this 
function is to divide the curve up into a series o f segments and use rectangles to represent 
the area under each segment. If the areas o f these rectangles are added together, the 





n=o n=1 n = 2 ........................................................................ n=N-1
T
Figure 3.6 Figure showing how the area under the curve over the time interval,
T, can be approximated with a finite number o f rectangles, N. The time 
step is A t . The total area under the curve can be approximated by the sum
r ji N  ~\
of the total area o f the rectangles, — y^v(nAt) .
N  „=o
Also, the integration must be performed over a finite time interval. Durfy {4} 
explains that the formula for the Discrete Fourier Transform becomes:
S \  (mAf)  » Y r J l v(nAt)e~J
M  n=0
jljonn  / N
Where:
T -  Finite time interval (s)
N -  Total number o f rectangles
3.36
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The Fast Fourier Transform (FFT) is an algorithm for calculating the Discrete 
Fourier Transform (DFT). The FFT uses N in multiples o f 2, which allows symmetries to 
reduce the number o f calculations required. It is important to remember that the FFT only 
provides samples o f the Fourier Transform and it is only a transform o f a finite time 
record o f input.
3.4.2 Power Spectral Density (Autospectral Density) and Cross-Spectral Density
The power spectral density function (PSD) is useful for signal analysis. According 
to Tongue {33}, it shows the density level o f power present in a signal for any frequency 
o f interest. PSDs are useful for examining random signals because they show the 
individual contribution o f any frequency in the system. In the current research, by 
comparing output data using PSDs, it is possible to determine whether the virtual model 
and the physical vehicle are behaving in a similar manner. The PSD, also known as the 
Autospectral Density (ASD), is defined as the Fourier Transform of the autocorrelation 
function. Inman {17} explains that the autocorrelation function provides a measure of 
how fast the signal v(t) is changing. The “auto” in autocorrelation refers to the fact that 
the term v(t)v{t + r)  is the product o f values o f the same signal at two different times.




t  -  Time difference between the values at which the 
signal v(t) is sampled (time lag constant).
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Using a discrete Fourier Transform on Equation 3.37, the equation for power 
spectral density, S'm {mAf),  becomes:
3.38
Ni y  n
The cross-spectral density (CSD) function is computed in a similar manner to that 
o f the PSD. The CSD function is calculated by taking the Fourier transform o f the cross­
correlation function. The cross-correlation function gives a measure o f what the effect on 
w  would be should a random process affect a quantity v . Equation 3.39 shows how the 
cross-correlation function, Rm(r), is calculated.
i r
Rvw{T) = —\v ( t )w ( t  + T)dt 3.39
o
Using a discrete Fourier Transform on Equation 3.39, the equation for cross- 
spectral density, S ' ^ m A f ) , becomes:
3.40
Ni y  n
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3.5 ADAMS and Multibody Dynamics Theory
3.5.1 Generalized Coordinates
Negrut and Harris {24} note that in ADAMS, the position, p , o f a rigid body is 
defined by 3 Cartesian components x, y and z.
3.41
The orientation o f a body is described by Euler angles (see Chapter 3.2) that 
correspond to a 3-1-3 (rotation about the z axis, followed by rotation about the new x axis 
and finally rotation about the new z axis) sequence rotation: y/ , 6  and (/> respectively. In 
ADAMS, these three angles are stored in an array in the following form:
s  = 3.42
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This means that the body translational and angular velocity become:
u — p 3.44
m = B s  = 3.45
Where:
sin 6  sin <p cos^ 0 
B =  s in#cos^  - s in ^  0 3.46
cos# 0 1
Where m is the angular velocity o f the body expressed in the local body 
coordinate system. B  is the transformation matrix that defines the relationship between 
the angular velocity o f the body and the choice o f generalized coordinates.
For a system containing m bodies, the array o f generalized coordinates can be 
written in the form o f Equation 3.47.




m -  Number o f bodies 
n -  Number o f generalized coordinates = 6m.
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3.5.2 Joints in ADAMS
In ADAMS, joints can be thought o f as constraints that act among some o f the 
coordinates, qx through qn, o f Equation 3.47. Negrut and Harris {24} remark that, 
mathematically, a constraint assumes the form o f 3.48.
As an example, a spherical joint between two bodies would act as a set o f three 
constraints (constraining x, y and z translation) like the one in Equation 3.48 to allow 
three degrees o f freedom (rotation about x, y and z).
The collection o f all constraints caused by joints present in the model is 
represented by:
Usually, sc < n, meaning that the total number o f constraints in the system is less 
than the total number o f generalized coordinates.
$(<?) = 0 3.48
3.49
Where subscripts:
nj -  Number o f joints in the model
sc -  Sum of the total number o f constraints induced by 
each joint in the system.
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Taking the derivative o f the position kinematic constraint equation (see Equation 
3.49), the velocity kinematic constraint equations are obtained:
3.50
By taking the derivative o f Equation 3.50, the acceleration kinematic constraint 
equations become:
Equations 3.49, 3.50 and 3.51 can be seen as conditions that the generalized 
coordinate array, Equation 3.47, along with its first and second derivatives must satisfy. 
This is to guarantee that that the constraints are obeyed at every period in time.
3.5.3 Motions in ADAMS
Negrut and Harris {24} note that mathematically, motions indicate that a 
generalized coordinate o f the system, or an expression depending on generalized 
coordinates, depends explicitly on time. In ADAMS, a motion is represented as a time 
dependent constraint equation:
Recalling the definitions o f position, velocity and acceleration kinematic 
constraint equations, for constraint equations induced by either joints or motions in the 
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®(g,0  = o 
<bq(q>t)'q = -®M,t)




3.5.4 Dynamic Analysis in ADAMS
3.5.4.1 Additional Nomenclature
Negrut and Harris {24} demonstrate that the following quantities are used in
formulation the rigid body equations o f motion:
M  -  Generalized mass matrix 
J  -  Generalized inertia matrix expressed about the 
principal local reference frame
k  e  R sc-  Array of Lagrange multipliers. The number o f 
Lagrange multipliers is given by the number o f 
constraint equations induced by joints 
connecting a body to other bodies in the system. 
Q(q,q,t) e  R 6 -  Generalized force acting on the body
K -K ine tic  energy, defined as K  = \^u TMu + ^ m TJ m
obtained by projecting the applied 
force upon the generalized coordinates.
f
(q ,q , t)= _  g  R 6 -  Vector o f applied forces. 
n
Where:
/  -  Applied forces 
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vp -  The velocity o f the point o f application, p , o f the 
external force
3.5.4.2 Equations of Motion




' d K V
\ dd j
r d K V
\ d(l j
3.59




\ d u  j
r d K V
\ dP j  
dK 




(n ' I f
. ( n ' f "
3.60
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with angular momenta defined by:
T = —  = B tJB£
d c
3.63
The equations o f motion are reformulated in ADAMS as:
Mu + O pTA = ( n p)T f
t -  —  + ® £TA = ( n R)Tn 
de e V ’
3.64
3.65
Negrut and Harris {24} explain that Equations 3.64 and 3.65 are called kinetic 
differential equations. They indicate how external forces determine the time variation o f 
the translational and angular momenta. The time variation of the generalized coordinates 
is related to the translational and angular momenta by means o f kinematic differential 
equations. These are derived from Equations 3.44, 3.45 and 3.63 and are shown below:
p - u  = 0 
£-<Z = 0
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By assembling the kinematic differential equations (see Equations 3.66-3.68) and 
the kinetic differential equations (see Equations 3.64 and 3.65), ADAMS generates a set 
o f 5 equations that provide the information necessary to find a numerical solution for the 
dynamic analysis o f a mechanical system. These equations are as follows:
M i + o / T  = ( n /,)r /  3.69
f -  — + 0 / A  = (ns f «  3.70
ds  v '
p - u  = 0 3.71
s - C  = 0 3.72
T - B t JBC = 0 3.73
3.5.4.3 Numerical Solution of Differential-Algebraic Equations (DAEs)
The difficulty o f solving the differential equations (see Equations 3.69-3.73) is 
that these equations must also satisfy the algebraic constraint equations (see Equations 
3.49-3.51 and 3.53-3.55). Numerically, this is the most difficult task. The combination o f 
these differential equations and algebraic constraint equations is called differential- 
algebraic equations or DAE equations.
There are several methods for solving DAEs, and most o f them are fairly 
complex. In the general sense, they involve solving for the independent and dependent 
coordinates and velocities o f the algebraic position and velocity constraint equations.
This is usually performed with the aid o f a Newton-Raphson type algorithm and the 
initial conditions o f  the total system. Once these values have been solved for, they are 
used to determine the accelerations and Lagrange multipliers o f the system. These
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quantities, in turn, are integrated forward in time, using a numerical integration method, 
to determine the coordinates and velocities o f the system at a new point in time. The 
process repeats until the end o f the simulation is reached. Methods for solving DAEs are 
discussed in more detail by Shabana {29}.
3.5.4.4 ADAMS Integrator
The ADAMS integrator selected for the current research was the Gear Stiff, or 
GSTIFF integrator. GSTIFF is quick, calculates system displacements to a high degree o f 
accuracy and is robust in handling a variety o f analysis problems. GSTIFF is a variable- 
order, variable-step and multi-step integrator with a maximum order o f six. Mechanical 
Dynamics Incorporated (MDI) {22} comments that this integration method is based on 
the DIFSUB integrator developed by C.W. Gear for solving ordinary differential 
equations (ODEs). Gear’s DIFSUB was modified by MDI to solve stiff DAEs. MDI {22} 
explains that a system o f ODEs is numerically stiff when it has widely separated 
eigenvalues with the high frequency eigenvalues being overdamped. This means that 
although the system has the ability to oscillate at high frequencies, it usually does not 
because o f the associated high damping. To define numerically stiff systems, it is helpful 
to introduce the term “stiffness ratio”. This is defined as the ratio o f the system’s highest 
inactive frequency (highest overdamped frequency) divided by the highest active 
frequency (highest underdamped frequency). MDI {22} notes that numerically stiff 
systems tend to have stiffness ratios o f 200 or higher. In contrast, non-stiff systems have 
stiffness ratios o f less than 20. The model in the current research is considered to be a 
stiff system as its stiffness ratio is about 30.
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All o f the “stiff’ integrators in ADAMS, including GSTIFF, are based on 
Backwards-Difference Formulae (BDF) and are multi-step integrators. MDI {22} 
explains that the solution for these integrators occurs in two phases -  a prediction and a 
correction. When taking a new time step, the integrator fits a polynomial o f a given order 
through past values o f each system state, and then extrapolates to the current time to 
perform a prediction. The GSTIFF integrator uses a Taylor series expansion to perform 
the prediction.
The corrector formulae are an implicit set o f backwards difference equations that 
relate the derivative o f states at the current time to the values o f the states themselves. 
This relationship transforms nonlinear differential equations to a set o f nonlinear 
algebraic difference equations in the system states. According to MDI {22}, an example 
of a first-order BDF is the Backwards Euler integrator. Given a set o f ODEs o f the form
—  = f { y , t )  the Backwards Euler integrator uses the difference relationship: 
dt
y„+i = y n + hy ll+i 3-7"
Where:
y n -  Solution calculated at t -  tn
h -  Step size being attempted
y n+1 -  Solution at tn+l, which is being computed.
The Backwards Euler integration method is implicit, as the subscript n +1 
appears on both sides o f  the equation.
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ADAMS solver uses an iterative, quasi Newton-Raphson algorithm to solve the 
difference equations and obtain values o f the state variables. This algorithm ensures that 
the system states satisfy the constraint equations and equations o f motions. The Newton- 
Raphson iterations require a matrix o f the partial derivatives o f  the equation being solved 
with respect to the solution variables. This matrix, called the Jacobian matrix, is used to 
calculate the corrections to the states at each iteration.
After the corrector has converged to a solution, the integrator estimates the local 
integration error in the solution. If the estimated error is greater than the specified 
integration error, the integrator rejects the solution and takes a smaller time step. If  the 
estimated error is smaller than the specified integration error, the integrator accepts the 
solution and repeats the predictor-corrector estimation process for a new time step. This 
is carried out until the simulation end time is reached.
Another point worth discussing is the index of the integrator. The index is defined 
as the number o f times the constraint equations are differentiated in order to convert a set 
o f DAEs to ODEs. Two types o f index formulations can be used with the GSTIFF 
integrator in ADAMS -  Index 3 and Stabilized Index 2. The default value for the GSTIFF 
integrator is Index 3 or 13, which is considered to be quite high. The problem with using 
an index of three is that the Jacobian matrix can become ill-conditioned (some entries 
become extremely large in comparison to others causing numerical errors) as the 
integration step size is decreased. This means that the solver will diverge and not arrive 
upon a solution. By using a lower index - that is by decreasing the number o f times the 
constraint equations are differentiated - the possibility o f convergence increases. Also, 
the integrator can monitor integration error on both displacements and velocities. This,
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unfortunately, has the effect o f increasing the time required to solve dynamic problems 
by 25% to 100% when run with the same error.
The integrator index formulation used for the purposes o f the current research was 
13 or Index 3. ADAMS solved the equations o f motion much more quickly with this 
index formulation than with the Stabilized Index 2 (SI2) option and did not encounter any 
convergence problems during simulations.
3.6 Linear Analysis (Eigenanalysis)
An unconstrained three-dimensional rigid body has six degrees o f freedom -  that 
is it can translate in the x, y and z directions and rotate around the x, y and z axes. 
Depending upon the object’s mass, stiffness and damping properties it will also have six 
ways o f vibrating and six associated natural frequencies. These natural frequencies are 
dependent upon the object’s mass, inertia, stiffness and damping properties.
Inman {17} explains that the term “mode” refers to both the natural frequency of 
vibration and the associated mode shape. A mode shape is a mathematical description of 
a deflection. It forms a pattern that describes the shape of vibration if  the system were to 
vibrate only at the corresponding natural frequency. Mode shapes are significant in the 
fact that every vibrational response o f a system consists o f some combinations o f mode 
shapes.
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Consider the vector equation for an undamped, unforced system:
Mx + K stjffx  -  0 3.75
Where:
M  — n x n mass matrix o f the system.
K stiff -  n x n stiffness matrix o f the system. 
jc,x -  n x 1 vector o f displacements and accelerations o f the 
system respectively. 
n -  Number o f degrees o f freedom.
Inman {17} shows that the solution to this equation subject to nonzero initial 
conditions takes the form:
x{t) = ueJm 3.76
Where:
j  -  Complex Number = V -T 
(o -  Frequency to be determined 
t -  Time
u -  Vector o f constants to be determined
Substituting x  = M  U2q into Equation 3.75 and multiplying by M  1/2 
Where:
M 1' 2 -  Matrix square root (defined to be the matrix where 
M l,2M 112 = M )
M ~U2 -  Inverse o f matrix square root
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The equation collapses to:
I dq{t) + K smq{t) = 0 3.77
Where:
I d -  Identity Matrix 
Equation 3.77 finally becomes:
K s,iffv  = K igv 3.78




v -  Vector o f constants
Equation 3.78 is called the symmetric eigenvalue problem. K stjff is a symmetric 
matrix and is called the mass normalized stiffness. K stjff is analogous to the single degree
n r
o f freedom constant J — . There will be n values o f  the scalar Aei , called eigenvalues,
V m
and n values o f the corresponding vector v (one for each eigenvalue), called 
eigenvectors. The eigenvalues can be solved for by equating the determinant o f
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Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
(Kstiff -  IAeig) to zero and then solving for Xeig . Aeig can be substituted back into
{Kstj(f -  Iheig) v = 0 to solve for the eigenvectors.
The square root o f the eigenvalues o f equation 3.78 gives the natural frequencies 
o f the system. The mode shapes o f the system are obtained by multiplying the 
eigenvectors by the inverse o f the matrix square root, M “1/2.
Equation 3.78 can be used to calculate eigenvalues and eigenvectors for a simple 
system where damping and forcing is not present. Other equations can be constructed 
which can take into account these factors. However, solving such systems is a more 
complex process and, especially for large systems, often requires the aid o f a computer to 
determine the eigenvalues and eigenvectors o f a system.
In ADAMS, Eigenanalysis or linear analysis, is conducted by linearizing the 
equations o f motion around a point o f static equilibrium. Khalil {18} demonstrates 
linearization through the following example:
A second-order autonomous (time-invariant) system is represented by two scalar 
differential equations:
Assuming that the functions f  \ and f 2 are continuously differentiable, and 
expanding the right-hand side o f 3.79 and 3.80 through the Taylor expansion series about 
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x, = / 1(51,5'2) + a 11(x1 - s , )  + a 12(x2 - s 2 )  + H.O.T. 









Xj =5j, X2 = s2






H.O.T. -  Higher order terms of expansion
Since (sn s2) is an equilibrium point:
f \  Ch ? ̂ 2 ) — ^2 Ch ’ 5 2 ) — ^
Also the area o f interest is the trajectories near (5,, s2):
y\ = x \ ~ s \




Substituting Equations 3.84-3.85 into Equations 3.81 and 3.82 and assuming that the 
higher order terms are negligible, the nonlinear state equations can be approximated by 
the following linear state equations:
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yi + a n y2
y 2 ~  a 21^1 "*‘ f l223; 2
3.86
3.87
Rewriting this equation in vector form:
y  = A j y 3.88
Where:
4 , =
'Ml 3 / i l
an an dx] dx2 =M.




The matrix [df / fix] is called the Jacobian matrix of / ( x )  and Aj  is the Jacobian
matrix evaluated at the equilibrium point s . By solving det(Aj -  IAejg ) = 0 the
eigenvalues o f a non-linear system, linearized about an equilibrium point, can be 
obtained.
Eigenanalysis is helpful in analyzing a model in several respects. First, it can help 
to determine the stability o f the system. If real positive eigenvalues are calculated, it 
means that there are some unstable modes o f vibration and the model is flawed in some 
way. Eigenanalysis allows the user to observe the mode shapes o f a system, which shows 
how individual components and subsystems will resonate. It can aid in diagnosing 
suspect bushings, springs and dampers by showing the natural frequencies o f vibration o f 
components connected to these elements. If, in a rigid system of bodies, a small element 
that should vibrate at high natural frequencies, such as a control arm, vibrates at a very
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Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
low frequency then a connective element (bushing) is probably at fault. Finally, 
eigenvalues can show component modes that are underdamped, overdamped and free. If 
complex roots exist, then the mode is underdamped (damping ratio < 1). If only negative 
real roots exist then the mode is either critically damped or overdamped (damping ratio > 
1). If the eigenvalues are zero then the mode has free vibration.
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Chapter 4 Development o f Model / Combining Physical Road Test 
Simulation Data With Model to Simulate Road Testing 
o f Physical Vehicle.
4.0 Overview of Process
This chapter will examine the development o f the model in CATIA and ADAMS 
software packages. It will also demonstrate how physical road test data is used to drive 
this model in virtual road test simulations.
A block diagram illustrating the process o f combining virtual simulation with 
physical vehicle test data to optimize automotive durability testing is shown in Figure 4.1 
below. The scope o f the present research does not include virtual tasks below the block 
entitled “Are the remote responses of model in agreement with remote responses from 
physical vehicle?”
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VIRTUAL TASKS PHYSICAL TASKS
STA R T ST A R T
A ssem ble model of vehicle in CATIA.
Import model into ADAMS using CAT/ADAMS.
5
Add force elem ents to model — springs, jounce bumpers, 
shock absorber and bushings.
Input m ass, moment of inertia, stiffness and damping 
properties of parts and force elem ents into ADAMS
Place markers, or virtual sensors, a t locations of transducers 
on physical vehicle
| Import PHYSICAL loads and displacem ents into ADAMS and u-* 




Export outputs from virtual se n so rs  on model to time history 
files.
C reate  power spectral density plots from tim e history fill 
and com pare with rem ote re sp o n se s  of physical vehicle
road te s t simulator.
re the  re sp o n ses  of model in agreem ent with 
rem ote re sp o n ses  from physical vehicle?
Conduct "what i f  scenarios (i.e. investigate ch an g es  to  wg
suspension  com ponents, structure, loading and payload). ir-
Export load and  d isplacem ent results to finite elem ent 
analysis (FEA) softw are package. U se FEA to solve for 
s tre s s e s  and  stra ins of com ponents.
Export FEA output to  durability analysis software. Estim ate 





M easure and record 
transducer data  
while vehicle is being 
driven on road ("raw 
data")
K B D S
Transfer to Rem ote 
Param eter Control 
(RPC) format. Filter 
and edit da ta  to 
com press time 




channels  from edited 
d a ta  ("desired 




C reate  s e t  of 
instructions ("drive 
file") used  to drive 
the  road te s t 
simulator (rig) by 
iterating until 
re sp o n se s  of vehicle 
on rig a re  acceptably  j 
clo se  to  th o se  of the 
desired responses.
Collect local 
re sp o n se s  of rig and 
rem ote re sp o n se s  of 
vehicle during road 
te s t simulation using 
drive file a s  input.
L ! Ll.n ?.yi'L.
Convert force and 
d isplacem ent da ta  
from local and 
rem ote re sp o n se s  to 
a  file format readable 
by ADAMS.
Figure 4.1 Flow chart illustrating the process of using computer simulation in conjunction 
with physical test data to perform automotive durability analysis. The physical 
tasks are accomplished using instrumented vehicles operating in proving grounds 
tests. RPC format is a proprietary data format used in laboratory road test 
simulation work.
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4.1 Description / Modeling of Vehicle Systems and Components
The vehicle in this investigation was a four-wheel drive compact sport utility 
vehicle (SUV) with front and rear solid axles and front and rear four link suspension 
systems. Each suspension assembly (front and rear) consisted o f two upper control arms 
(left and right), two lower control arms (left and right), two coil-springs (left and right), 
two shock absorbers (left and right), two jounce bumpers (left and right), a track bar and 
a stabilizer bar assembly with stabilizer bar links.
4.1.1 Front Suspension System
On the physical vehicle, the main components of the front suspension system 
were the front axle assembly, upper control arms, lower control arms, coil springs, shock 
absorbers, jounce bumpers, track bar, stabilizer bar and stabilizer bar links. CATIA 
models o f the front suspension system are shown in Figure 4.2 and 4.3.








TOWARDS FRONT OF VEHICLE
Axle Tube 
(Axle Shaft Inside)
Figure 4.2 Figure showing CATIA models o f the components o f the front suspension 
system. Front suspension system is shown from the top o f the vehicle.
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Figure 4.3 Figure showing CATIA models o f the components o f the front suspension 
system. Front suspension system is shown from an isometric view.
The front axle assembly included a differential, axle shafts, axle tubes and 
steering yokes. On the physical vehicle, the differential was positioned on the axle 
assembly approximately halfway between the left wheel and the centreline o f the vehicle 
(in the negative y direction). This was done to ensure that the front driveshaft could pivot 
freely and would not interfere with the engine, transfer case or suspension components.
The front axle assembly was connected to the frame of the vehicle via the upper 
and lower control arms. The left upper control arm was mounted to the frame rail and to 
the differential housing while the right upper control arm was mounted to the frame rail 
and a bracket on the right axle tube. The lower control arms were mounted to the frame 
and axle tubes at brackets. All control arms were connected to the vehicle through
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cylindrical rubber bushings that were press fit into the arms themselves. These bushings 
permitted a minor amount o f flex and twist in all directions other than the main axis of 
rotation, thereby reducing shock loads to the control arms, body and axle.
Coil springs in the front suspension system were seated between a lower spring 
support on the front axle and an upper spring support on the body. Jounce bumpers -  
bumpers that limit the compression o f the springs and dampers -  were mounted to the 
body, inside o f the springs. The bottom spring support was a circular plate with a lip at its 
outer edge and a raised circular section in the middle. This raised central section acted as 
a stopper for the jounce bumpers.
The front shock absorbers were mounted to the body of the vehicle and to the 
front axle just behind the springs. They were oriented approximately parallel to the z axis 
o f the vehicle. The shock absorbers had a cylindrical-type joint at the end that was 
attached to the front axle and a ball joint at the end that was attached to the frame. Both 
shocks had rubber bushings at both extremities and were mounted to the axle using a 
“dog bone” (cylindrical fastener with flat open ends that resembles a dog’s bone) and to 
the body by a large nut and bolt.
Due to the low lateral stiffness o f the coil springs, a track bar was used to add 
lateral stiffness to the suspension system. The track bar was a heavy solid steel rod with a 
bushing at one end and a ball-joint at the other. The bushing end was mounted to the front 
axle on the right o f the vehicle and secured with a bolt. The ball-joint was mounted to the 
frame at the left o f the vehicle. The stud o f the ball-joint was bolted into the frame.
To prevent excessive body roll while cornering, a stabilizer bar or “anti-roll bar” 
was employed. A stabilizer bar is a type o f spring that acts to minimize the difference in
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stroke o f the left and right wheels (i.e. the roll). The stabilizer bar was a solid u-shaped 
rod mounted to the frame with bushings and retaining brackets and attached to stabilizer 
bar links through ball joints. These links were attached to the front axle with bushings 
and bolts.
In ADAMS, a part was created for each o f the following components o f the front 
suspension assembly:
1. Left upper control arm
2. Right upper control arm
3. Left lower control arm
4. Right lower control arm
5. Front axle assembly (contains differential, axle shafts, tubes and steering yokes)
6. Stabilizer bar
7. Left stabilizer bar link
8. Right stabilizer bar link
9. Track bar
Bushing elements (see Section 4.3.7) were created at each of the following locations:
1. One bushing at each end o f the control arms (one nearest the front axle, one 
nearest the frame) -  8 total.
2. One bushing connecting the track bar to the front axle assembly.
3. Two bushings mounting the stabilizer bar to the body.
4. One bushing connecting each stabilizer bar link to the front axle assembly -  2 
total.
Three spherical kinematic joints were used in modeling the front suspension 
system in ADAMS - one at the end o f each stabilizer bar link nearest the stabilizer bar 
and one at the end o f the track bar connecting it to the body. In addition, seven 
SPRINGDAMPER elements (see Section 4.3.4) were created in ADAMS to model the 
coil springs, shock absorbers, jounce bumpers and torsional stiffness o f the front 
stabilizer bar.
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4.1.2 Steering System
The steering system of the physical vehicle was composed o f a set o f steering 
knuckles connected to tie rods and a Pitman arm which, in turn, was connected to a 
recirculating ball steering box. The steering box was then linked to the steering column 
and steering wheel through shafts connected together by universal joints. In the current 
research, only the steering knuckles, tie rods, steering dampener and Pitman arm were 
modeled.
On the physical vehicle, the steering knuckles were attached to the steering yokes 
on the front axle by ball joints. When modeling the virtual vehicle in ADAMS, the front 
disc brake components (i.e. rotors, calipers, etc.), universal joint, wheel hub components 
were included as part o f the steering knuckle. The left tie rod was connected to the left 
steering knuckle by a ball joint and to the right tie rod by another ball joint. The right tie 
rod was connected to the steering knuckle and to one end o f the Pitman arm by ball 
joints. The other end o f the Pitman arm was fixed to the output shaft on the steering box 
by a revolute joint. The setup of the steering system is shown in Figure 4.4 and Figure 
4.5.
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Figure 4.4 Figure showing CATIA models o f the components o f the steering 
system. Steering system is shown from the top o f the vehicle.





Figure 4.5 Figure showing CATIA models o f the components o f the steering
system. Steering system is shown from an isometric view. Ball joints (1 
and 4 are upper ball joints, 2 and 5 are lower ball joints) are shown in 
yellow and their locations are indicated by numbers and black arrowheads.
In ADAMS, a part was created for each o f the following components o f the 
steering system:
1. Left tie rod
2. Right tie rod
3. Pitman arm
4. Left steering knuckle (contains brake rotor, brake calipers, universal joint, wheel hub 
and wheel spindle)
5. Right steering knuckle (contains same components as 4)
One SPRINGDAMPER element (see Section 4.3.4) was created for the steering 
dampener. All ball joints in the steering system were modeled in ADAMS with spherical 
joints except for the upper ball joints (see Figure 4.5). The ADAMS solver complained of
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redundant constraint equations -  that is that two joints were constraining the same degree 
o f freedom -  when spherical joints were used to model both the upper and lower ball 
joints. The upper ball joints were chosen to be “inline” joints, meaning that only 
translational x and y degrees o f freedom were removed between the steering knuckles 
and the steering yokes. The lower spherical (ball) joints removed the local z translational 
degrees o f freedom (vertical translation o f the steering knuckle along the steering axis) 
making further constraints in this direction unnecessary.
Although the steering dampener on the physical vehicle was connected to the 
right tie rod with a ball joint, this was not modeled for the current research. This was 
because the dampener was modeled in ADAMS using a SPRINGDAMPER element (see 
Section 4.3.4) and was a force element that supplied damping between the two parts at 
two points. It did not have any mass or inertia properties.
When the physical vehicle was attached to the road test simulation rig, a bungee 
cord was used to fix the steering wheel in place, thereby allowing some movement o f the 
steering system. To model this virtually, the Pitman arm was connected to the body by a 
revolute (hinge) joint and a torsional spring aligned with this axis o f rotation was used to 
allow some movement o f the steering system. Because the steering angle o f the physical 
vehicle was not recorded during road test simulation, the stiffness o f the torsional spring 
was estimated using a trial and error approach.
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4.1.3 Rear Suspension System
The rear suspension system of the physical vehicle was similar to the front 
suspension system in that it used a solid axle assembly with coil springs and a number of 
control arms to maintain alignment. Shown in Figure 4.6 and Figure 4.7 are CATIA 











TOWARDS FRONT OF VEHICLE
Figure 4.6 Figure showing CATIA models o f the components o f the rear suspension 
system. Rear suspension system is shown from the top o f the vehicle.
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Figure 4.7 Figure showing CATIA models o f the components o f the rear suspension 
system. Rear suspension system is shown from an isometric view.
The outboard ends o f the rear axle assembly were similar to the front axle 
assembly except that the brake components were slightly different (parking brakes were 
included) and the assembly itself did not have steering yokes. Also, the differential was 
located near the centreline o f the vehicle rather than to one side.
As noted above, the rear axle assembly, like the front axle assembly, was attached 
to the frame through control arms -  two upper and two lower. Again, these control arms 
had a bushing pressed into each end. The arms were secured to the axle assembly and 
frame by bolts at brackets.
Coil springs at the rear suspension were held in place in the same manner as in the 
front suspension. The rear coil springs were smaller in length and larger in diameter.
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The shock absorbers were similar to those found in the front suspension however, 
the rear shocks were mounted at a 34 deg angle to the positive z axis in the xz plane and 
at a 8 deg angle to positive z axis in the yz plane as shown in Figure 4.8.
► y►  X
Figure 4.8 Figure showing angle o f left rear shock with respect to the positive z axis 
in the global xz and yz planes. The red arrows indicate directions o f the 
global axes. Right rear shock is a mirror image o f the left rear shock 
across the xz plane.
The rear suspension also had a track bar to increase its lateral stiffness. The rear 
track bar, unlike the front track bar, did not have a ball joint at one end but instead had 
two bushings - one at each end. The track bar was bolted to the axle assembly and frame 
at brackets.
The rear suspension, like the front suspension, was equipped with a stabilizer bar. 
However, the bar itself was shaped differently (see Figure 4.19) as well as being thinner 
than that o f the front. The stabilizer bar was mounted to the frame with rubber bushings 
and retainers and was attached to plastic stabilizer bar links with bolts and bushings. 
These stabilizer links were, in turn, attached to the rear axle with bolts and bushings.
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In ADAMS, a part was created for each o f the following components o f the rear 
suspension assembly:
1. Left upper control arm
2. Right upper control arm
3. Left lower control arm
4. Right lower control arm
5. Rear axle assembly (contains differential, axle shafts, axle tubes, universal joints, 
wheel hubs and disc brake components.)
6. Stabilizer bar
7. Left stabilizer bar link
8. Right stabilizer bar link
9. Track bar
Bushing elements were created at each of the following locations:
1. One bushing at each end of the control arms (one nearest the rear axle, 
one nearest the frame) -  8 total.
2. One bushing connecting the track bar to the rear axle assembly
3. One bushing connecting the track bar to the body.
4. Two bushings mounting the stabilizer bar to the body.
5. One bushing connecting each stabilizer bar link to the stabilizer bar -  two total.
6. One bushing connecting each stabilizer bar link to the body -  two total.
Seven SPRINGDAMPER elements (see Section 4.3.4) were created in ADAMS 
to model the coil springs, shock absorbers, jounce bumpers and torsional stiffness o f the 
rear stabilizer bar.
4.1.4 Body of Vehicle
In ADAMS, the main body o f the vehicle was modeled as one rigid (infinitely 
stiff), lumped mass. This meant that it was modeled as a point mass with a centre of 
mass, moment and product o f inertia properties. The mass and inertia properties o f the 
body were calculated by subtracting those o f the drivetrain assembly, front and rear 
suspension components, steering system, rims and tires from the mass and inertia
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properties o f the full vehicle at full rated load. Section 4.3.3 details exactly how these 
properties were calculated. In order to easily observe the motion o f the entire body in 
ADAMS, it was shown as two frame rails. This is illustrated in Figures 4.9 and 4.10. It is 
important to emphasize that the frame rails are simply graphical representations o f the 
body and that the entire body and frame assembly itself was considered to be one rigid, 
lumped mass.
4.1.5 Engine, Transmission and Transfer Case Assemblies
The drivetrain o f the physical vehicle consisted o f an inline 6-cylinder engine, a 
4-speed automatic transmission and a transfer case all connected together rigidly with 
bolts. The engine generates power and transfers it to transmission, which varies the speed 
of rotation and driveline torque through gearing and then transmits the torque to the 
transfer case. The transfer case splits the power from the transmission and sends it to the 
front and rear differentials through driveshafts to provide four-wheel drive.
The engine / transmission / transfer case assembly was fixed to the body at three 
locations (left and right engine mounts) using two rubber bushings and a rubber cushion. 
The purpose o f these bushings was to absorb noise and vibration from the drivetrain 
components during normal operation. The engine was mounted to the body at two engine 
mounts. The transmission was mounted to the body with a rubber cushion. These 
locations are illustrated in Figure 4.9 and Figure 4.10.
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Body (Represented 
Visually by Frame Rails)
/






Figure 4.9 ADAMS model showing an isometric view o f the engine, transmission 
and transfer case in relation to the body. The figure also illustrates where 
the engine is connected to the body with engine mounts. The mass, centre 
o f mass, moments and products o f inertia of each o f the major components 
are all incorporated in the model shown above.
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Figure 4.10 ADAMS model illustrating the position o f the transmission cushion in 
relation to the body. The view is shown from the left side o f the model.
In ADAMS, the engine, transmission and transfer case assemblies were modeled 
as three rigid bodies connected together by fixed joints. To simplify data transfer and to 
improve graphics rendering, they were represented visually as rectangular boxes. The 
engine mounts and transmission cushion were modeled using three bushing elements.
In the present research, only the mass and inertial effects o f the drivetrain system 
were modeled. The interactions o f gears, shafts and bearings in these assemblies were not 
modeled due to vast number o f internal parts and the complexity o f these interactions. 
Engine forces and torques were also neglected, as the drivetrain components were 
inactive during road test simulation on the road test simulator. However, it was thought 
that the relatively large mass o f the engine, transmission and transfer case assembly
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moving on its mounts during road test simulation might provide some low frequency 
contributions to the body.
In summary, an ADAMS part was created for each of the following components 
o f the drivetrain assembly:
1. Engine assembly
2. Transmission assembly
3. Transfer case assembly
Bushing elements were created at each o f the following locations:
1. One bushing at the left side o f the engine (motor mount).
2. One bushing at the right side of the engine (motor mount).
3. One bushing at the rear o f the transmission (transmission cushion).
Kinematic joints were created at the following locations:
1. One fixed joint connecting the engine to the transmission.
2. One fixed joint connecting the transmission to the transfer case.
4.1.6 Rims and Tires
The wheels o f the physical vehicle were made from aluminum and had an outer 
radius o f 381.0 mm (15 in) and a width o f 177.8 mm (7 in). They were equipped with 
225/75R15 size tires.
Tires were not modeled in the current research as the virtual model was 
simulating a physical vehicle on a road test simulator. When the vehicle was mounted to 
the simulator, the wheels o f the physical vehicle were removed. Tires were, however, 
used in the calculation of mass and moment o f inertia properties for the vehicle’s body.
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4.2 Creation of Model
4.2.1 Assembly of Model in Computer Aided Three-Dimensional Interactive 
Application (CATIA)
The virtual automobile was created in CATIA using component models from a 
vehicle parts database. A “structure” (a file containing component models o f the vehicle 
in specified positions all referenced to a common coordinate reference system) that was 
used for kinematics analysis o f the vehicle’s suspension systems was acquired from a 
parts database. This structure contained the axle assemblies, frame rails and all 
suspension components at the curb position (no payload, vehicle at rest on road surface). 
However, most o f the suspension components were collections o f thin surfaces and did 
not possess volume. To allow CATIA to calculate mass and moment o f inertia properties, 
these elements needed to be made into solid entities. With the assistance o f CATIA 
designers, all o f the suspension components were made into solids.
Solid models o f the vehicle’s aluminum rims were created from 2 dimensional 
drawings supplied by the manufacturer. These virtual rims were placed in the correct 
positions on the model.
Drawings provided by the tires’ manufacturer were used to create the outer profile 
o f the tires. Unfortunately, the inner profile o f the tires was not supplied and no physical 
tires o f size 225/75R15 were available for measurement. Because both the outer and inner 
profiles o f the tires were needed to create solid models, the tire’s inner profile and 
thickness were estimated by examining a tire with similar dimensions. A small cross 
section was removed from a 235/75R15 tire with a die grinder and placed on a piece of 
11” x 14” paper. The cross-sectional shape was traced out using a pen and paper and the
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thickness o f  the tire was measured at several points with a ruler.
The measurements taken from the scrap tire were used, in conjunction with the 
outer profile, to create a two-dimensional cross-section with the same thickness. This 
cross-section was then rotated 360 degrees, thereby forming a solid model o f the 
vehicle’s tire. These models were placed into position on the virtual vehicle, correctly 
aligned with the rims.
Points were created at the centre o f the outer face o f each brake rotor to 
approximate the locations o f the applied vertical and longitudinal displacements by the 
road test simulator. These same points were used to mark the locations o f the lateral and 
longitudinal force inputs as measured by the wheel force transducers. These points were 
called “spindle points”
Next, points were created to mark the centres o f all points o f rotations. Lines were 
created through these points, parallel with axes o f rotation, to assist in the placement of 
“hardpoints” (an ADAMS term for local coordinate systems fixed in space). For spherical 
(ball) joints, points were placed at the centres o f the ball studs at the location of 
maximum diameter.
Points were created to mark the tops and the bottoms of springs. These points 
were placed on the centrelines o f the springs. A further set o f points was created to mark 
the upper and lower mounting locations o f the shock absorbers.
The stabilizer bars were divided in half and points were created at the centre o f 
the cross section of the stabilizer bar at the division point.
Each group o f components that moved as one unit (see Sections 4.1.1-4.1.5), was 
placed into a “set”, each of which was given a distinctive name.
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CAT/ADAMS (see Section 2.5.3), a software toolkit designed to transfer models 
from CATIA to ADAMS, was implemented. In CAT/ADAMS, hardpoints were placed at 
points created previously and aligned with axes o f rotation. The purpose of these 
hardpoints was to assist in the placement and orientation of spring, damper and bushing 
elements in ADAMS. The model was finally transferred into ADAMS, using a 
conversion function in CAT/ADAMS.
4.2.2 Development of Model in Automatic Dynamic Analysis of Mechanical Systems 
(ADAMS)
When the CATIA model was transferred into ADAMS, the “sets” were converted 
into “parts”. Parts are rigid bodies that have a mass, a centre o f mass and moments and 
products o f inertia properties. The user defines the initial position, orientation and 
velocity o f parts.
To save time and decrease data storage requirements, the model’s graphics were 
simplified. The control arms were deleted and replaced with simple cylinders. The 
graphics o f the axle assemblies were completely deleted and replaced with cylinders 
except for the steering knuckles and brake rotors. Bushings, springs and shock absorbers 
were also deleted and replaced with the ADAMS graphics for these elements.
As mentioned earlier, all “parts” were considered to be rigid bodies. Changing the 
graphics o f rigid bodies does not affect the dynamics o f the model. Because rigid bodies 
are considered to be point masses, ADAMS needs only mass properties, inertia 
properties, locations and orientations to solve the differential equations o f motion. These 
values can be entered into ADAMS independent o f the shape and size o f the body. 
Graphics are used for visualization purposes alone.
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Spring (coil springs and jounce bumpers), damper and bushing elements were 
created and attached to parts at the locations and orientations defined by the hardpoints 
created in CAT/AD AMS. In ADAMS springs, dampers and bushings were modeled as 
force elements. This meant that they applied proportional forces between parts but that 
masses and the inertia properties o f the elements themselves were neglected. The version 
o f ADAMS used for the present research did not allow use o f force elements with mass 
and inertia properties. However, the inertial effects o f these elements would have been 
negligible as these components were small in size had low masses when compared to the 
body and the axles o f the vehicle. Spring, damper and bushing properties were obtained 
from experimental values and were manually input into ADAMS (see Sections 4.3.4, 
4.3.6-4.3.8).
Vertical and longitudinal displacement inputs and lateral and longitudinal force 
inputs were created at the spindle points o f the model. These inputs were attached to the 
front and rear axles. The positive axes o f the vertical and longitudinal displacements were 
created to match those o f the coordinates systems at the spindles o f the road test 
simulator. The positive axis for each vertical displacement pointed upwards, along the 
vehicle’s positive z axis. At the front of the vehicle, the positive axes o f the longitudinal 
displacements pointed rearward, along the positive x axis of the vehicle. At the vehicle’s 
rear, the positive axes o f the longitudinal displacements pointed forwards, along the 
negative x axis o f the vehicle. The black arrows in Figure 4.12 show the orientation o f the 
vertical and longitudinal displacement inputs.
The positive axes o f the lateral and longitudinal force inputs were created to 
match those o f the wheel force transducers o f the remote responses collected in Section
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4.4.4. On the left side o f the vehicle, the positive axes of the longitudinal forces pointed 
forwards, along the negative x axis o f the vehicle. The lateral forces pointed outwards, 
along the negative y axis o f the vehicle. On the right side of the vehicle, the longitudinal 
forces pointed to the rear o f the vehicle along the positive x axis o f the vehicle. The 
lateral forces pointed outwards along the positive y axis o f the vehicle. Vertical 
displacements inputs were directed upwards, in the positive z direction. The red arrows in 
Figure 4.12 show the orientation o f the lateral and longitudinal force inputs.
“Markers” (an ADAMS term for local coordinate systems attached to parts -  See 
Section 2.5.2) were placed on the model at the approximate locations o f the transducers 
on the physical vehicle. These markers acted as virtual sensors, allowing loads and 
motions to be measured at the defined locations. The locations o f these markers, or 
virtual transducers, are shown in Figure 4.11.
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Figure 4.11 Figure showing the locations o f the virtual transducers on the ADAMS 
model. The transducers were placed at the approximate locations o f the 
accelerometers, rotary variable inductance transducers (RVITs) and wheel 
force transducers (WFTs) on the physical vehicle.
Large, magenta axes show the orientation o f the global coordinate system. 
The blue axes represent the locations o f the accelerometers on the body. 
The red axes represent the locations o f wheel force transducers. The black 
axes represent the locations o f  accelerometers on the axles and the green 
axes represent the locations o f the RVITs. The locations o f the virtual 
transducers have been numbered for future reference in Chapter 5.
I l l
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Mass and moment o f inertia properties for all moving components and stiffness 
and damping values for all force elements were manually input into ADAMS. These 
properties are described in Section 4.3.
In summary, the final ADAMS model used for the present research contained:
- 32 bushings
- 9 spherical (ball) joints
- 2 fixed joints
- 2 inline joints
- 3 re volute (hinge) joints
- 29 moving parts
-1 6  SPRINGDAMPER elements (see Section 4.3.4)
- 4 displacement inputs and 8 force inputs with Input Configuration #1 (see Section 5.5)
- 8 displacement inputs and 4 force inputs with Input Configuration #2 (see Section 5.6) 
-116 degrees o f freedom with no inputs
- 112 degrees o f freedom with Input Configuration #1 (see Section 5.5)
-108 degrees o f freedom with Input Configuration #2 (see Section 5.6)
The final ADAMS model is shown in Figure 4.12.





Figure 4.12 ADAMS model o f the full, assembled vehicle. The model occupied 
approximately 60 megabytes o f hard disk space. Green and orange axes 
are markers and are used by ADAMS to calculate forces and motions. 
Large black arrows at the brake rotors represent displacement inputs and 
large red arrows at the brake rotors represent force inputs from wheel 
force transducers. The large blue arrows show axle damping forces, which 
were used to control the model’s stability during simulation (see Chapter 
5).
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4.3 Component Properties (Mass, Moments of Inertia, Stiffness and Damping 
Values)
This section documents the process o f acquiring and determining the material 
properties for the components of the vehicle. A spreadsheet was created in Microsoft 
Excel to catalogue these properties.
4.3.1 Mass Measurements
Masses were measured through either one o f the following three methods:
1. Weighing the physical component on a scale
2. Obtaining the component weight from a parts database.
3. Obtaining the volume of the part in CATIA and multiplying this volume by the
tn
density o f the object, p  = — so m = p V .
4.3.2 Centre of Mass, Principal Axes, Moments and Products of Inertia for 
Drivetrain, Suspension Components, Rims and Tires
Moments and products o f inertia for the drivetrain, suspension components, tires
and wheels were calculated in CATIA. When the density of an object was provided,
CATIA would calculate the principal moments o f inertia and display the centre o f mass
and principal axis inclination. CATIA would also compute the moments and products o f
inertia for an object, or collection of objects, in relation to an arbitrary axis.
The mass and moment o f inertia properties o f all components (except the
vehicle’s body) were calculated with respect to their principal axes and centres o f mass.
An option in CATIA allowed a set o f lines aligned with the principal axes to be created at
the centre o f mass. Axes could then be created at the centre o f mass with the x, y and z
axes aligned with the 1st, 2nd and 3rd axes o f the principal axis respectively to preserve
correct orientation. CATIA was then used to calculate the Euler angles o f this axis. Using
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the centre o f mass and principal axes to describe the mass and inertia properties o f a part 
in ADAMS meant that the products o f inertia would be zero and only I xx, I  and I ,z
were required. The centre o f  mass in Cartesian coordinates, the Euler angles o f the 
principal axis and the principal moments o f inertia o f the components were manually 
entered into ADAMS.
A sample calculation o f the moments and products o f inertia for the front track 
bar is shown in Table 4.1.
Mass Principal Moments of Inertia
Part Mass (kg) h (kg*mm2) l2 (kg*mm2) l3 (kg*mm2)
Front Track 
Bar
4.00 3.00E+03 3.00E+05 3.00E+05
Center of Mass Euler Angles
x (mm) y (mm) z (mm) Psi (deg) Theta (deg) Phi (deg)
-180 45 -60 275 130 190
Table 4.1 Chart showing mass, centre o f mass, principal moments o f inertia 
and Euler angles o f the front track bar with respect to the global 
coordinate system.
4.3.3 Determination of Mass, Centre of Mass, Moments and Products of Inertia of 
Vehicle Body
To accurately describe the rotational motion of the vehicle model about all three 
axes on the testing rig, the moments and products o f inertia o f the body had to be 
determined. Due to the vast number o f components that are present in the body o f the 
vehicle, inertial analysis o f the body o f the vehicle with CATIA would take an extremely 
long time. Furthermore building an accurate, experimental testing apparatus to measure 
the moments and products o f inertia o f the body would be costly. If a full vehicle moment 
/ product o f inertia test could be performed at a testing facility then, using simple addition
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and subtraction, the mass, moments and products o f inertia o f other components could be 
subtracted from those o f the full vehicle. This would give a good estimate for the 
properties o f the body.
4.3.3.1 Measurement of Full Vehicle Centre of Mass, Moments and Products of
Inertia by Experimental Testing
The centre o f mass, moments and products o f inertia for the entire vehicle at curb 
weight (no payload) were determined through experimental testing at the Vehicle Inertial 
Measurement Facility (VIMF) at SEA Technologies Inc. in Columbus, Ohio, USA.
The vehicle was assumed to be relatively symmetrical across the xz plane, which 
meant that the pitch / roll ( I xy ) and pitch / yaw ( I yz) products would be very small (see
Section 3.3.2). In the present research, these products were assigned values o f zero. This 
meant that the entire vehicle’s pitch, roll, yaw moments of inertia, roll / yaw product of 
inertia and centre of mass had to be measured.
Heydinger et al. {13} describes the VIMF process. The VIMF has three major 
components: a platform used to support the vehicle during all o f the tests, pylons used to 
lift and support the platform during the centre o f mass (cm) and pitch moment o f inertia 
tests, and a roll / yaw pivot assembly - a mechanism that supports the platform during 
roll, yaw and roll / yaw product o f inertia tests. The three components of the VIMF are 
shown in Figure 4.13 and Figure 4.14.
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Platform
Figure 4.13 Picture o f the VIMF platform and pylons used to support the vehicle 




Figure 4.14 Picture o f the VIMF roll / yaw pivot assembly used to support the
platform during the roll and yaw moments and roll / yaw product 
o f inertia tests.
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The VIMF was configured to operate as a pendulum during centre o f  mass height 
and pitch moment o f inertia tests. Moveable pylons containing the pitch axis bearings 
were attached to the VIMF vehicle support platform to raise and lower it during the 
centre o f mass height and pitch moment o f inertia tests. For roll moment o f inertia tests, 
the VIMF operated as an inverted pendulum. A roll / yaw pivot assembly containing roll 
axis bearings and a yaw axis bearing (see Figure 4.14), was positioned beneath the 
vehicle platform during the roll and yaw moment o f inertia tests and roll / yaw product of 
inertia test.
The main platform structure was composed o f lateral and longitudinal aluminum 
beams covered with an aluminum top plate. This provided a flat surface to support the 
vehicle. The platform was designed to be very stiff and to have low moments o f inertia in 
order to preserve accuracy.
Movable pylons (see Figure 4.13), which contained the pitch axis bearings, were 
used to support the platform during centre o f mass and pitch moment o f inertia tests. The 
pylons were mounted on rails, allowing them to be moved into position by the test 
technician. When the pylons were engaged with the platform, the platform could be 
raised and lowered hydraulically under the control o f the computer system.
The roll / yaw pivot assembly acted as the kinematic link between the roll and 
yaw axes. This assembly was not used during the centre o f mass height and pitch moment 
o f inertia tests. The roll / yaw pivot assembly contained two roll axis bearings and a 
single yaw axis bearing. It also contained roll-restoring springs, a yaw springs and a roll- 
torque sensing transducer. The device was mounted on fixed rails and was moved in and 
out from beneath the platform during various phases o f the overall test procedure. Prior to
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roll inertia tests, the yaw bearing was locked to restrain yaw motion. The roll / yaw pivot 
assembly was then moved into position beneath the platform and the platform lowered to 
mate with the assembly. After the roll tests were complete, the platform was lifted and 
the roll / yaw pivot assembly was removed from beneath the platform.
The product o f inertia measurement was performed at the same time as the yaw 
moment o f inertia test. The restoring moment for the yaw moment o f inertia test was 
provided by a torsional yaw spring in the roll / yaw pivot assembly. Prior to the tests, the 
yaw bearing was unlocked, allowing for yaw motions. Also, a highly sensitive torque 
sensing load cell was mounted in the pivot assembly to measure the roll torque during the 
yaw oscillations. This torque was used to compute the roll / yaw product o f inertia o f the 
vehicle. The load cell was very rigid, preventing roll motions during these tests. Once 
ready, the roll / yaw pivot assembly was positioned beneath the platform. The platform 
was lowered, and the combined yaw inertia and roll / yaw product o f inertia tests were 
run.
The VIMF test procedure began by measuring the vehicle’s dimensions including 
wheelbase, track width and roof height. The vehicle was loaded to its test condition (in 
this case no payload) and driven onto the weigh station. The weights at each wheel were 
measured which allowed the lateral and longitudinal centres o f mass to be determined.
The computer software at the VIMF also determined the correct pitch pivot height. To 
help position the vehicle longitudinally on the VIMF platform, the technician marked the 
longitudinal centre o f mass position on the vehicle’s rocker panel. The vehicle was then 
driven onto the platform with the marked centre o f mass positioned on the centreline o f 
the platform.
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The pylons were installed at the correct pivot height on the mounts at each side of 
the platform. When the vehicle was properly positioned, clamps and jacks were installed 
to restrain the vehicle. Ultrasonic displacement transducers were installed at the estimated 
vehicle centre o f mass height in order to measure longitudinal vehicle motion.
The platform was raised and the centre o f mass height test was run. This was 
accomplished by applying a series o f moments to the platform by hanging weights from 
the end o f it. The weights were added to either end o f the platform causing positive or 
negative moments. The mass o f the applied weights, the platform angle in degrees and 
the longitudinal motion o f the vehicle relative to the platform were all measured.
The weights were removed with the platform in the same configuration and then 
the pitch moment o f inertia test was performed. The test technician displaced the platform 
and released it, causing it to oscillate. The system was allowed to oscillate as the data was 
being collected. The period o f pitch oscillation, the platform amplitude in degrees and the 
relative longitudinal motion o f the vehicle were measured. This test was repeated three 
times.
To prepare for the roll inertia test, the yaw bearing on the roll / yaw pivot 
assembly was locked and the roll / yaw pivot assembly was moved beneath the platform. 
The platform was lowered onto it and the pylon assemblies were moved free o f the 
platform. Ultrasonic displacement transducers were positioned to measure the lateral 
motion o f the vehicle relative to the platform. The platform was then set into roll 
oscillation. This test was repeated three times. During this test, the period o f oscillation, 
the platform amplitude in degrees and the relative lateral motion o f the vehicle were 
measured.
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After the roll tests were performed, the platform was raised and the roll / yaw 
pivot assembly was removed from underneath the platform. The yaw bearing was 
unlocked, and the load cell, used to measure the roll torque and calculate the roll / yaw 
product o f inertia, was installed in the roll / yaw pivot assembly. The roll / yaw pivot 
assembly was moved beneath the platform and the platform was again lowered onto it. 
The ultrasonic displacement transducers were positioned to measure vehicle longitudinal 
motion. The platform was displaced and released to cause yaw oscillation. The period, 
platform amplitude in degrees and relative yawing motion of the vehicle were measured. 
The yaw moment o f inertia and roll / yaw products were measured simultaneously.
After each test had been performed and the necessary variables obtained, 
equations were used to calculate the pitch, yaw and roll moments o f inertia as well as the 
roll / yaw product o f inertia (at the VIMF facility). These equations will not be discussed 
in the present research but they are described in detail by Garrot et al. {9}, Durisek {5} 
and Durisek et al. {6}.
A sample results sheet from the VIMF tests is shown in Table 4.2.
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Sample Corner Weights Sample CG Calculation
Left Front (kg) Right Front (kg) Lat. CG (mm) Long. CG (mm)
400 390 -5 1000




Sample CG Height Test Sample Roll Moment of Inertia Test
Applied Platform Motion Rel. CG Period Platform Relative Roll
Weights Angle To Platform Height Amplitude Motion Inertia
(kg) (deg) (mm) (mm) (sec) (deg) (mm) (kg*m2)
155.5 -6.240 1.468 539.2 1.702 3.232 1.487 647
0.0 0.165 0 0.0 1.701 3.148 1.440 644
73.9 3.295 -0.688 539.8 1.702 3.299 1.513 645
155.5 6.620 -1.721 540.0 645
73.9 -2.927 0.460 539.3
539.6
Sample Yaw Moment of Inertia and Roll/Yaw
Sample Pitch Moment of Inertia Test Product of Inertia Test
Period Platform Relative Pitch Period Platform Relative Yaw Roll/YawAmplitude Motion Inertia Amplitude Motion Inertia Product
(sec) (deg) (mm) (kg*m2) (sec) (deg) (mm) (kg*m2) (kg*m2)
4.044 3.330 0.644 1699 2.121 2.426 0.392 1816 84
4.043 3.219 0.604 1701 2.121 2.197 0.353 1817 88
4.042 3.214 0.595 1701 2.122 2.430 0.394 1820 84
1700 1818 86
Table 4.2 Table showing a sample results sheet from the VIMF testing facility.
Note that the values shown in these tables have been normalized and are 
representative values. This table illustrates the degree o f accuracy and 
repeatability that the VIMF testing facility is able to obtain.
In the VIMF tests, the x axis was directed forward and parallel to the road plane, 
the y axis was directed to the driver’s right and was also parallel to the road plane and the 
z axis was directed downwards. The centre o f mass height was measured as the distance 
o f the vehicle’s centre o f mass above the road plane. The moments and product of inertia 
were computed about the vehicle’s centre o f mass.
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4.3.3.2 Estimation of Mass, Centre of Mass, Moments and Products of Inertia
of Vehicle Body at Curb Position with Full Rated Load.
The road test simulations o f the physical vehicle were conducted at full rated load 
whereas the experimental testing at the VIMF was conducted at curb weight. The model 
had to be adjusted to account for this increase in mass.
Curb weight is defined as the mass o f the vehicle with no occupants or payload. 
Curb position is defined as the position of the vehicle with curb weight at static 
equilibrium.
Full rated load is defined as:
- One 77.3 kg (170 lb) driver in the driver’s seat.
- 68.6 kg (151 lb) Megadac and TI boxes on the front passenger seat.
- Two 63.2 kg (139 lb) water dummies loaded with shot bags on the rear seats.
- 90.9 kg (200 lb) in cargo (=  8 x 11.4 kg (25 lb) shot bags ) behind the rear 
seats in the cargo area o f the vehicle.
This gives a total o f 363 kg (799 lb) additional weight from curb weight.
The mass and the comer weights o f the vehicle at full rated load were measured 
on a scale. The mass o f the body at full rated load was calculated by subtracting the mass 
o f the axles, drivetrain assembly, suspension components, tires and rims from the mass o f 
the full vehicle at full rated load.
The lateral and longitudinal centres o f  mass o f the vehicle at full rated load were 
determined using the comer weights o f the vehicle and the distances from the origin to 
the tire patches shown in Figure 4.15.
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Figure 4.15 Diagram showing the comer weights o f the vehicle (orange arrows),
the absolute values o f the distance o f these forces from the origin (blue 
arrows) and the location o f the centre o f mass (purple arrows). The 
green lines are projections o f the origin along the x and y axes. The y 
coordinate o f the centre o f mass is very close to the centreline and is 
shown by one purple arrow.
Assuming that the static forces at the wheels act at the centre o f the tire patch, and 
using the right hand rule to take moments around the origin, Equations 4.1 and 4.2 were 
derived. These equations were used to solve for the x and y coordinates o f the full 
vehicle’s centre o f mass at full rated load.
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Where:
X c .m o  ’ Y c m o  ~ Distance from origin to centre o f mass o f full 
vehicle at full rated load.
X LF, Ylf -  Longitudinal and lateral distance from origin 
respectively o f left front centre o f tire patch.
X LR, Ylr -  Longitudinal and lateral distance from origin 
respectively o f left rear centre o f  tire patch.
X rf , Yrf ~ Longitudinal and lateral distance from origin 
respectively o f right front centre o f tire patch.
X rr j Yrr ~ Longitudinal and lateral distance from origin 
respectively o f right rear centre o f tire patch.
Flf -  Left front comer weight.
Flr -  Left rear comer weight.
Frf -  Right front comer weight.
Frr -  Right rear comer weight.
Fmg -  Force o f vehicle due to gravity.
Reimpell and Stoll {28} note that the degree to which the centre o f mass height 
changes depends upon the spring rates on the front and rear axles, the seat heights and the 
weights and sizes o f the occupants. However, Reimpell and Stoll {28} claim that the 
centre o f mass height generally tends to move upwards as the number o f occupants 
increases.
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Reimpell and Stoll {28} list the following figures for change in the centre o f mass 
height o f a typical passenger vehicle with additional occupants:
Two People +12mm
Four People -8  mm to +29mm
With a fifth person on the rear seat or a load in the trunk or cargo area, the springs 
will deflect causing the body to sink, thus reducing the centre o f mass height.
Due to the difficulties in measuring the centre o f mass height at full rated load 
without further experimental testing, the vertical centre o f mass o f the full vehicle was 
assumed to have remained at the same height. This assumption was thought to have been 
valid as the driver, Megadac, TI boxes, water dummies and shot bags were all added at 
positions higher than the centre o f mass at curb position. It was thought that compression 
of the vehicle’s relatively soft springs, as well as its tires, would have offset this value. In 
any case, the difference in centre o f mass height at full rated load was thought to have not 
been substantially different from that at curb position.
The centre o f mass o f the body at full rated load was calculated by assuming that 
the added payload, drivetrain, suspension components, rims and tires could be 
represented as point masses at their centre o f mass. Then, the centre o f mass o f the 
drivetrain, suspension components, rims and tires was subtracted from the full vehicle’s 
centre o f mass at full rated load, using Equations 4.3 through 4.5, to obtain the vehicle 
body’s centre o f mass at full rated load.
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M Vfrt -  Mass o f full vehicle at full rated load 
M  hfri -  Mass o f body at full rated load 
mj -  Mass of component, “i"
xbcm ’ y  bcm ’ 2bcm “ X>Y and z coordinate o f  body centre o f  mass at 
full rated load
Xyfri > y Vfri»z vfri ~ X’ Y and z coordinate o f  vehicle centre o f 
mass at full rated load 
xc(, yCj, zc, -  x, y and z coordinate of centre o f mass of 
component, i
Ncs -  Number o f components being subtracted from body 
i -  Component being subtracted
The moments and products o f inertia o f the vehicle’s body at full rated load were 
calculated in several steps. First, the dimensions o f the water dummies and shot bags 
were measured with a tape measure, drawn in CATIA and placed in the appropriate 
positions in the vehicle. The driver o f the vehicle was modeled in CATIA with the model 
of the human body shown in Figure 4.16. The author’s approximate body measurements 
were used for the model’s dimensions and the volume of the human model was divided
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by the weight o f driver. This gave an approximate average density o f the driver. The 
model was placed in a sitting position in the driver’s seat of the automobile.
Figure 4.16 CATIA model o f a human body that was used to approximate the mass
and inertia properties o f the driver. Model is shown in a standing position. 
The head was modeled as a sphere, the neck as a cylinder, the arms, legs, 
upper and lower torso as elliptic prisms and the hands and feet as 
hexahedrons.
The Megadac (see Section 2.6.1) was modeled as two rectangular boxes with one 
box half the height o f the other. The four transducer interface (TI) boxes (see Section
2.6.1) were modeled as one large rectangular box and the cabinet that held the Megadac 
and TI boxes was modeled as shown in Figure 4.17. All were placed in the passenger’s 
seat o f the automobile. Dimensions for the Megadac, TI boxes and the cabinet were 
measured with a tape measure. The payloads and their positions in the automobile are 
shown in Figure 4.17.
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Figure 4.17 CATIA drawing showing the position of the driver in the driver’s seat
(77.3 kg), Megadac, TI boxes and cabinet in the passenger seat (68.6 kg), 
two water dummies loaded with shot bags on the rear seats (63.2 kg each,
126.4 kg total) and 8 shot bags in the rear o f the vehicle (90.9 kg).
The moments and products o f inertia o f these objects were calculated with respect 
to the full vehicle’s centre o f mass at curb position in CATIA. CATIA uses parallel-axis 
and parallel-plane theorems in addition to inertia tensor rotation to perform these 
calculations (see Sections 3.3.3 and 3.3.5). Then, since the centre o f masses and inertia 
reference systems were identical, the moments and products o f inertia o f the payload 
were added (see Section 3.3.6) to the inertia tensor o f the full vehicle. This gave the 
moments and products o f inertia for the full vehicle at curb position with full rated load.
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To determine the moments and products o f inertia for the body, CATIA was used 
to compute the moments and products o f inertia of the drivetrain, suspension 
components, rims and tires with respect to the full vehicle’s inertia reference frame at 
curb position. Then, since the inertial reference coordinate systems were equivalent, the 
moments and products o f inertia for each component were subtracted from those o f the 
full vehicle at full rated load. This gave the inertia properties o f the body at full rated 
load. However, these moments and products o f inertia were still represented at the full 
vehicle’s centre o f  mass at curb position rather than at the new centre o f mass o f the 
body. ADAMS allows use of a separate coordinate system to define the reference for 
moments and products o f inertia. A coordinate system was created on the body at the 
location and axis inclination of the full vehicle’s centre of mass at curb position. This 
coordinate system was used to reference the inertial properties o f the body.
4.3.4 Springs
Springs were modeled as force elements in ADAMS using the SPRINGDAMPER 
command. This meant that the springs supplied forces proportional to deflection but that 
the masses o f the springs themselves were neglected. Mechanical Dynamics Incorporated 
(MDI) {22} explains that the SPRINGDAMPER command applies a force between two 
markers (I and J markers -  Section 2.5.2) according to Equation 4.6.
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F„ = - C
r db"'
\ d t  j
- K sc( b -  length) + FORCE  4.6
Where:
Fa -  Force applied to I marker 
C -  Damping coefficient 
K sc -  Stiffness coefficient
b -  Distance between I and J markers 
length -  Free length o f spring 
FORCE -  Preload force
In the current research, I and J markers were created at the upper and lower 
extremes o f the springs respectively. The SPRINGDAMPER force is always applied 
along the line segment connecting the I and J markers. If the force is positive, the markers 
experience a repelling force and if  the applied force is negative, the markers experience 
an attracting force. The I and J markers experience equal and opposite forces.
Note Equation 4.6 holds for linear stiffness and damping properties. When splines 
are used to model non-linear stiffness and damping properties, a variation of Equation 4.6 
is used.
 ̂ dh ^
Fa = —Akispl (— ),Cspline -  A kisp lip -  length, Kspline)+ FORCE 4.7
I dt
Where:
Fa -  Force applied to I marker 
b -  Distance between I and J markers
Akispl -  Akima spline function (independent variable, spline for 
interpolation)
Cspline- Damping spline 
Kspline -  Stiffness spline 
length -  Free length o f spring 
FORCE -  Preload force
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The natural damping of the front and rear springs was assumed to have been 
negligible when compared to the damping of the shock absorbers. Because o f this, the 
damping o f the springs was given a value o f zero. Free length and spring rate data was 
obtained from the automobile manufacturer. The front springs had a linear spring rate. 
The rear springs had a non-linear stiffness rate with mild stiffening -  the spring rate 
became greater with increasing deflection (see Figure 4.18). Data for the rear springs was 
given in the form of a graph of spring rate vs. deflection. This graph was integrated with 
respect to deflection to provide a graph o f force vs. deflection.
ADAMS calculates the spring force at the rear springs (rear springs use splines), 
Fa , by computing the distance between the I and J markers and then subtracting this 
value from the free length o f the spring. ADAMS uses cubic interpolation to determine 
the corresponding force for this deflection value as defined by the Kspline . The negative 
o f this value is the force applied at the I marker o f the spring. Kspline data for the rear 
springs is shown in Figure 4.18.
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Figure 4.18 Plot showing the force vs. deflection spline of the vehicle’s rear
springs. This chart illustrates that the spring rate (slope o f graph) is almost 
constant but increases slightly with increasing deflection.
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4.3.5 Stabilizer Bars
The front and rear stabilizer bars o f the model were divided in two by cutting 





(xz plane)Rear Stabilizer Bar
Figure 4.19 CATIA models o f the front and rear stabilizer bars illustrating how 
they were cut in half along the xz plane. The drawing also shows 
how the value, L, was measured for the torsional stiffness equation, 
Equation 4.9.
The two halves o f each bar were connected together using a revolute joint placed 
at the centre o f their circular cross-sections. This allowed the two halves o f the bar to 
rotate about the cross-sectional centreline. A torsional spring was created between the 
two halves o f the bar at the bar’s cross-sectional centre (along the y-axis) to model the 
twisting motion of the bar. Mathematically, torsional springs in ADAMS are modeled 
using a variation o f the SPRINGDAMPER equation (see Equation 4.6) discussed in
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Section 4.3.4. Equation 4.8 is used to calculate the force supplied by a torsional spring in
ADAMS.
T  = -C T da
dt
KT(axxz -  angle) + TORQUE 4.8
Where:
Ta -  Torque applied to I marker
CT  -  Torsional damping coefficient 
K T -  Torsional stiffness coefficient 
axxz -  Angle o f I-marker x-axis relative to J-marker x-axis 
measured about the z-axis o f the J-marker 
angle -  Reference angle o f spring (rotational equivalent o f 
free length)
TORQUE -  Preload torque
The stiffness o f the torsional spring o f the stabilizer bars was estimated using 
Equation 4.9.
T I
0 h = - sb sb 4.9
J*G »
Where:
0sb -  Angle o f twist o f stabilizer bar (rad)
Tsb-  Torque applied to stabilizer bar (A  • m)
Lsb -  Length o f stabilizer bar (m)
J sh -  Polar moment o f inertia o f cross-section (kg • m 2 ) 
Gsb -  Shear modulus o f stabilizer bar material (Pa)
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T
Rearranging Equation 4.9 for — , the equation for the torsional stiffness o f the
° s b
stabilizer bar becomes Equation 4.10.
Jjb_ = J_,bG,b = K  4  10
0sb Lsb
The calculated torsional stiffnesses o f the stabilizer bars are shown in Table 4.3.
Front Stabilizer Bar
dsb Jsb (**dsb4/32) Gsb Lsb
(m) (m2) (Pa) (m)
3.0x1 O'2 8.0x1 O'8 7.9x101° 7.5x1 O'1




dSb Jsb (**dsb4/32) Gsb Lsb
(m) (m2) (Pa) (m)
1.5x1 O'2 5.0x10‘9 7.9x101° 7.0x10‘1
3sbGsb̂ Lsb (f̂ sb) JsbGsb̂ Lsb (Ksb) JsbGSb/LSb (Ksb)
(N*m/rad) (N*m/deg) (N*mm/deg)
5.6x102 9.8x10° 9.8x103
Table 4.3 Table showing how the torsional stiffness coefficients o f the
stabilizer bars were calculated. Note that the tables show sample 
calculations only.
4.3.6 Shock Absorbers
The shock absorbers, like the springs, were modeled as force elements in 
ADAMS. This meant that the shock absorber elements supplied forces proportional to 
velocity but that the mass and inertia properties o f the shock absorbers themselves were 
neglected.
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The shock absorbers provided viscous damping to the model between the body 
and the axles. In ADAMS, the SPRINGDAMPER command with splines was used to 
model the shock absorbers, which used Equation 4.7 to calculate the forces exerted 
between the I and J markers. Shock absorber forces were non-linear and input into 
ADAMS in the form o f force vs. velocity splines ( Cspline variable in Equation 4.7). The 
stiffness o f the shock absorbers was assumed to be zero, as any inherent stiffness would 
have been negligible when compared to the stiffness o f the coil springs. In the current 
research, the front and rear shock absorbers had higher damping rates in rebound 
(extension) than in jounce (compression). This is illustrated in Figures 4.20a and 4.20b 
where plots o f the Cspline used to model the damping force vs. shock absorber velocity 
are shown.
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Figures 4.20a and 4.20b
Plots showing the force vs. deflection splines o f the vehicle’s front and rear shock 
absorbers. These charts illustrate that the front and rear shock absorbers have almost bi­
linear damping properties and have greater damping in rebound than in jounce. Both 
graphs use the same scaling for comparison but the numeric values on the axes have been 
omitted.
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4.3.7 Bushings
Barak {2} explains that bushings serve four purposes in an automobile:
1. To reduce static friction, eliminating harshness o f ride and the need for lubrication.
2. To reduce the noise level and the squeaks in the vehicle.
3. To eliminate stress failures due to shock loads.
4. To reduce wheel fight tendencies (i.e. torque steer, brake steer, etc.) in the control arms 
of independent front suspensions.
Thirty-two bushings were used in the model. All bushings on the physical vehicle 
were cylindrical except for the bushings that held the sway bars to the body. These 
bushings were D-shaped, however, in the present research, these were modeled as 
cylindrical. Cylindrical bushings require eight properties -  axial, radial, torsional and 
conical stiffness rates and axial, radial, torsional and conical damping rates.
Bushings are usually made o f rubber compounds or other elastomeric materials 
that behave non-linearly. Experimental Services, Inc. (ESI) {8} notes that the elastic 
spring rate o f rubber bushings tends to increase, while the damping rate decreases, with 
increasing frequency. This means that bushing properties will vary somewhat, depending 
upon the frequency o f the loads they are subjected to. However, this difference is usually 
not too substantial over low frequency ranges and the frequencies o f interest in the 
present research were quite low (0-50 Hz). Another non-linear characteristic o f bushings 
is that their force vs. deflection curves are hysteresis loops. This means that their loading 
curves are different from their unloading curves. The data supplied by the bushing 
vendors in the present research was limited to linear stiffness rates, obtained by averaging 
the properties o f these loops.
In the present research, vendors provided bushing stiffness and damping rates in 
one of two forms -  linear static and linear dynamic properties. Static properties are
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obtained by deflecting the bushing and measuring the force required for this deflection at 
a static equilibrium. Dynamic properties are measured by applying a sinusoidally varying 
load at a specific frequency (usually 20 Hz), and then measuring the stiffness and 
damping rates.
Since the virtual model was a dynamic system, the bushing properties most 
desired were dynamic bushing properties. Most o f the static properties (static stiffness 
and static damping rates) were supplied the vendors. However, usually only the radial 
dynamic properties were given. Because the virtual model was a dynamic system, the 
dynamic bushing properties were needed for accurate calculations. Many o f the axial, 
torsional and conical dynamic stiffness and damping values had to be estimated. This 
estimation was performed in one o f two ways.
1. Multiplying the unknown static properties o f the bushing in question by the ratio of 
the known radial dynamic properties to known radial static properties.
2. Estimating the bushing values based on typical values used in the automotive industry
In ADAMS, bushings were modeled using the BUSHING command. MDI {22} 
explains that this command defines massless bushings with linear stiffness and damping 
properties. The BUSHING statement models bushings by applying forces and a torques 
between two parts at the I and J markers (see Section 2.5.2) according to Equation 4.11.
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* 
J 1 0 0 0 0 0 X b
F y 0 K y 0 0 0 0 y b
F z 0 0 K z 0 0 0 b
Tx 0 0 0 KTX 0 0 ab
T y 0 0 0 0 KTy 0 bb
0 0 0 0 0 KTZ cb _
~cx 0 0 0 0 0 " > .
0 0 0 0 0 V y F2
0 0 Cz 0 0 0 K F ,— +
0 0 0 CTX 0 0 °>x Tx
0 0 0 0 CTy 0 0Jy t2
0 0 0 0 0 CTZ 1 UJ 
J
Where:
Fx,Fy,Fz -  Forces applied to the I marker in the coordinate 
system o f the J marker.
Tx,Ty,Tz -  Torques applied to the I marker in the coordinate
system of the J marker.
K x, K y,K z -  Translational stiffness coefficients o f bushing.
KTx,KTy,KTz -  Rotational stiffness coefficients o f bushing. 
Cx,Cy ,Cz -  Translational damping coefficients o f bushing.
CTX, CTy, CTZ -  Rotation damping coefficients o f bushing. 
xb, y b, z b -  Translational displacements o f the I marker with 
respect to the J marker measured in the coordinate 
system of the J marker. 
ah,bb, cb -  Relative rotational displacements o f the I marker with 
respect to the J marker expressed in the x, y and z axes, 
respectively o f the J marker.
Vx, Vy , Vz -  Time derivatives o f xb, y b, zb respectively.
cox, 0)y, coz -  Angular velocity components o f the I marker with
respect to the J marker measured in the coordinate 
system o f the J marker.
Ft,F2, F3 -  Preload forces in coordinate system o f J marker.
Tx, T2, T3 -  Preload torques in coordinate system o f J marker.
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4.3.8 Jounce Bumpers
Jounce bumpers on the physical vehicle were used to limit the compression o f the 
springs and shock absorbers. On the physical vehicle, the jounce bumper assemblies on 
the front and rear suspension systems consisted of cylindrical rubber bumpers mounted to 
the body inside the spring. When the springs were compressed sufficiently, the jounce 
bumpers would hit a raised surface or “cup” on the axle’s spring mount. This arrested 
further suspension travel.
The automobile manufacturer provided force vs. deflection data for the jounce 
bumpers. The force vs. deflection curve for the jounce bumpers appeared to be almost 
exponential. The bumpers provided small resistive forces at small deflections with these 
forces growing rapidly as compressive deflection increased. This effect is illustrated in 
Figure 4.21.




Figure 4.21 Chart illustrating how deflection o f the jounce bumpers has an almost
exponential relation to the force required to achieve this deflection.
For the current research, jounce bumpers were modeled as springs, using the 
SPRINGDAMPER command with splines (see Equation 4.7). The jounce bumpers were 
created so that they would only start to provide repulsive forces when the bumper 
contacted the cup. This was accomplished by measuring the distance between the bottom
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o f the jounce bumper and the top o f the jounce cup at curb position and using this value 
as an offset in the jounce bumper spline. This is illustrated in Figure 4.22.
















Figure 4.22 Chart showing how the jounce bumpers were modeled in ADAMS
using the SPRINGDAMPER command and the spline shown on this 
graph. The offset is the distance between the bottom of the jounce bumper 
and the top o f the jounce cup on the axle. Notice that no repulsive force is 
applied until the bumper contacts the cup, at which point the force 
increases rapidly.
4.4 Acquiring and Processing of Road Test Data
4.4.1 Off-Road Course Driven By Physical Vehicle
At the proving grounds, the vehicle was driven around a 20.8 km (12.9 miles) 
course that was comprised o f many trails with differing road profiles. The entire course 
took the driver approximately one hour to complete. For the purposes o f the current 
research, one section of the course called the “Borrow Pit” was selected as input to drive 
the virtual vehicle.
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The Borrow Pit was a loop made inside a natural wash area that was intentionally 
unmaintained in order to test off-road vehicles. The track was approximately 1.7 km (1.1 
miles) long. The surface consisted o f mostly hard packed gravel and rocks and had a 
section of soft powder sand 101.6-152.4 mm (4-6 in) deep. The trail wound in and around 
an excavated wash plain, which caused the vehicle to pitch and sway.
4.4.2 Instrumentation of Physical Vehicle
Prior to being driven on the test track, the SUV was instrumented with four wheel 
force transducers (WFTs), 10 strain gauges, 18 accelerometers, 5 rotary variable 
inductance transducers (RVITs) and an event marker. In total, the vehicle was 
instrumented with enough transducers to record 62 channels o f data.
Each WFT measured the longitudinal, lateral and vertical loads (x, y and z load 
respectively) and the resultant moments about the x, y and z axis at the spindle point on 
the axle. It also measured the angle o f the wheel with respect to the horizontal for a total 
o f seven measured channels per WFT.
Strain gauges measured the deflections o f the coil springs, each o f which was 
equipped with two strain gages, one on the top o f the coil and one on the bottom. Also, 
two strain gauges were mounted to the front quarter panels at the fenders o f the vehicle 
near the engine bay -  one on the left side o f the vehicle, and one on the right.
Each accelerometer measured acceleration in one direction. The vehicle had six 
accelerometers mounted to each axle near the springs -  three per side -  to measure the 
longitudinal, lateral and vertical accelerations. In addition, four accelerometers were 
mounted to the body in the front wheel wells at the top of the springs (two per side) and
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two accelerometers were mounted to the body in the wheel wells at the rear (one per 
side).
The accelerometers on the front o f the body measured vertical and longitudinal 
accelerations o f the body, while the accelerometers on the rear only measured vertical 
acceleration.
Four RVITs were mounted to the body at the hinges o f the lower control arms 
nearest to the frame. These RVITs measured the angles o f the lower control arms with 
respect to the curb position. One RVIT was attached to the Pitman arm (see Figure 4.4) o f 
the steering mechanism to measure the steering angle o f the vehicle.
One channel o f data was reserved for the event marker. The event marker was a 
device that the driver would activate upon entering a new section o f the proving grounds 
course. When the event marker was activated, the Megadac would record a spike o f ten 
volts in the event marker channel. This allowed different sections o f the test course to be 
identified when processing the time history data.
4.4.3 Measuring and Recording Loads From Test Track
As outlined in Chapter 2.6.1, all instrumentation was connected to an onboard 
data acquisition system that provided signal conditioning and digitally recorded the time 
histories o f all transducer measurements while the vehicle was being driven.
The physical vehicle completed several laps o f an off road type course explained 
in Chapter 4.4.1. At the entrance to each new section o f the 20.8 km (12.9 miles) course, 
the driver activated the event marker. Each circuit o f course took roughly an hour. At the 
beginning o f each circuit, a laptop computer was used to activate the data acquisition
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system. After each lap had been completed, the laptop was used to download the recorded 
data from the data acquisition system. This data is called the “raw data” (see Section
2.6.1). The channel descriptions for the raw data are shown below in Table 4.4.
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RAW DATA ACQUIRED FROM PROVING GROUNDS TEST TRACK
Channel Description Units Channel Description Units
1 LF Axle Vert Accel 9 32 LF WFT X Moment (Mx) ft*lb
2 LR Axle Vert Accel 9 33 LF WFT Y Moment (My) ft*lb
3 RF Axle Vert Accel 9 34 LF WFT Z Moment (Mz) ft*lb
4 RR Axle Vert Accel 9 35 LF Wheel Angle deg
5 LF Axle Long Accel 9 36 LR WFT Long Force (Fx) lb
6 LR Axle Long Accel 9 37 LR WFT Lat Force (Fy) lb
7 RF Axle Long Accel 9 38 LR WFT Vert Force (Fz) lb
8 RR Axle Long Accel 9 39 LR WFT X Moment (Mx) ft*lb
9 LF Axle Lat Accel 9 40 LR WFT Y Moment (My) ft*lb
10 LR Axle Lat Accel 9 41 LR WFT Z Moment (Mz) ft*lb
11 RF Axle Lat Accel 9 42 LR Wheel Angle deg
12 RR Axle Lat Accel 9 43 RF WFT Long Force (Fx) lb
13 LF Upper Coil Strain fie 44 RF WFT Lat Force (Fy) lb
14 LF Lower Coil Strain fie 45 RF WFT Vert Force (Fz) lb
15 LR Upper Coil Strain fie 46 RF WFT X Moment (Mx) ft*lb
16 LR Lower Coil Strain fie 47 RF WFT Y Moment (My) ft*lb
17 RF Upper Coil Strain fie 48 RF WFT Z Moment (Mz) ft*lb
18 RF Lower Coil Strain fie 49 RF Wheel Angle deg
19 RR Upper Coil Strain fie 50 RR WFT Long Force (Fx) lb
20 RR Lower Coil Strain fie 51 RR WFT Lat Force (Fy) lb
21 LF Body Vert Accel 9 52 RR WFT Vert Force (Fz) lb
22 LR Body Vert Accel 9 53 RR WFT X Moment (Mx) ft*!b
23 RF Body Vert Accel 9 54 RR WFT Y Moment (My) ft*lb
24 RR Body Vert Accel 9 55 RR WFT Z Moment (Mz) mb
25 LF Body Long Accel 9 56 RR Wheel Angle deg
26 RF Body Long Accel 9 57 LF RVIT deg
27 L Fender Strain fie 58 LR RVIT deg
28 R Fender Strain /ie 59 RF RVIT deg
29 LF WFT Long Force (Fx) lb 60 RR RVIT deg
30 LF WFT Lat Force (Fy) lb 61 Steering Angle deg
31 LF WFT Vert Force (Fz) lb 62 Event Marker volts
Note: LF -  Left Front, LR -  Left Rear, RF -  Right Front, RR -  Right Rear, WFT -  
Wheel Force Transducer, LCA -  Lower Control Arm, RVIT -  Rotary Variable
Inductance Transducer, pe -  Micro (lx lO '6) Strain, g -  Unit o f Acceleration (1 g -  9.81
m/s2), lb -  pounds force, deg -  degrees, lb*ft -  pounds force*feet.
Table 4.4 Table showing the names, descriptions and units o f the individual 
channels o f the raw data (see Section 2.6.1) collected from the proving
grounds test track. Note that the desired responses (see Section 2.6.2) have 
the same format.
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4.4.4 Collecting Local and Remote Responses
The information from the laptop computer was brought back to the road test 
simulation lab and converted into RPC (Remote Control Parameter) format (see Section
2.5.4 -  Module 6). Through the steps detailed in Chapters 2.6.1-2.6.6, the desired 
responses were used to create a “drive file” that would tell the simulator what forces and 
displacements to apply in order to accurately replicate the loads and displacements 
experienced at the proving ground. In the present research, a total o f 20 control channels 
were monitored during the iterative process. These were the vertical accelerations on the 
axles, wheel forces at the wheel force transducers and the RVITs at the lower control 
arms. An asterisk in Table 4.6 indicates the control channels.
The vehicle was attached to the road test simulator and the drive file that was 
created previously was played out. “Local responses” (forces and displacements o f the 
simulator, as measured by transducers within the simulator linkages) were collected using 
the iterated drive file as input. The local responses were composed of 20 channels o f data 
-  lateral, longitudinal and vertical displacements at each spindle and lateral and 
longitudinal forces at each spindle. Each channel is described in Table 4.5.
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LOCAL RESPONSES OF ROAD TEST SIMULATOR
Channel Description Units Channel Description Units
1 LF Spindle Vert Disp in 11 RF Spindle Long Load lb
2 LR Spindle Vert Disp in 12 RR Spindle Long Load lb
3 RF Spindle Vert Disp in 13 LF Spindle Lat Disp in
4 RR Spindle Vert Disp in 14 LR Spindle Lat Disp in
5 LF Spindle Lat Load lb 15 RF Spindle Lat Disp in
6 LR Spindle Lat Load lb 16 RR Spindle Lat Disp in
7 RF Spindle Lat Load lb 17 LF Spindle Long Disp in
8 RR Spindle Lat Load lb 18 LR Spindle Long Disp in
9 LF Spindle Long Load lb 19 RF Spindle Long Disp in
10 LR Spindle Long Load lb 20 RR Spindle Long Disp in
Note: LF -  Left Front, LR -  Left Rear, RF -  Right Front, RR -  Right Rear, lb -  pounds 
force, in -  inches.
Table 4.5 Table showing the names, descriptions and units o f the individual
channels collected from transducers in the rig (local responses) while 
the vehicle was undergoing road test simulation.
While the local responses were being measured, the “remote responses” (data 
collected from the transducers onboard the vehicle - described in Chapter 4.4.2.) were 
being measured simultaneously. This information consisted o f 40 channels o f data. Each 
channel is described in Table 4.6.
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REMOTE RESPONSES OF VEHICLE ON ROAD TEST SIMULATOR
Channel Description Units Channel Description Units
1 LF Axle Vert Accel * 9 21 LF WFT Long Force (Fx) * lb
2 LR Axle Vert Accel * 9 22 LR WFT Long Force (Fx) * lb
3 RF Axle Vert Accel * 9 23 RF WFT Long Force (Fx) * lb
4 RR Axle Vert Accel * 9 24 RR WFT Long Force (Fx) * lb
5 LF Axle Long Accel 9 25 LF WFT Lat Force (Fy) * lb
6 LR Axle Long Accel 9 26 LR WFT Lat Force (Fy) * lb
7 RF Axle Long Accel 9 27 RF WFT Lat Force (Fy) * lb
8 RR Axle Long Accel 9 28 RR WFT Lat Force (Fy) * lb
9 LF Axle Lat Accel 9 29 LF WFT Vert Force (Fz) * lb
10 LR Axle Lat Accel 9 30 LR WFT Vert Force (Fz) * lb
11 RF Axle Lat Accel 9 31 RF WFT Vert Force (Fz) * lb
12 RR Axle Lat Accel 9 32 RR WFT Vert Force (Fz) * lb
13 LF Body Vert Accel 9 33 LF WFT X Moment (Mx) lb*ft
14 LR Body Vert Accel 9 34 LR WFT X Moment (Mx) lb*ft
15 RF Body Vert Accel 9 35 RF WFT X Moment (Mx) lb*ft
16 RR Body Vert Accel 9 36 RR WFT X Moment (Mx) lb*ft
17 LF Lower Coil Strain / I E 37 LF LCA RVIT * deg
18 LR Lower Coil Strain H E 38 LR LCA RVIT * deg
19 RF Lower Coil Strain H E 39 RF LCA RVIT * deg
20 RR Lower Coil Strain H E 40 RR LCA RVIT * deg
Note: LF -  Left Front, LR -  Left Rear, RF -  Right Front, RR -  Right Rear, WFT -  
Wheel Force Transducer, LCA -  Lower Control Arm, RVIT -  Rotary Variable 
Inductance Transducer, pe -  Micro (lx lO '6) Strain, g -  Unit o f Acceleration (1 g -  9.81 
m/s2), lb -  pounds force, deg -  degrees, lb *ft -  pounds force*feet.
Table 4.6 Table showing the names, descriptions and units o f the individual
channels collected from transducers on the vehicle (remote responses) 
while the vehicle was undergoing road test simulation. Note that an 
asterisk, in the “Description” column signifies that the channel was 
used as a control channel during the iterative process (see Section 2.6.5).
The local responses o f the rig were saved in one RPC file and the remote 
responses o f the vehicle were saved in another RPC file.
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4.4.5 Processing of Local and Remote Responses
The RPC files for the local responses, desired responses and remote responses 
were split into DAC files (binary files that hold the time history data for one channel) -  
one for each channel o f data using the REMDAC module in nSoft (see Section 2.5.4).
The units o f these files were converted from imperial units to SI units using the 
ART module in nSoft (see Chapter 2.5.4).
Time history files o f the longitudinal and lateral wheel forces in the remote 
responses were inspected graphically using the MFD module in nSoft (see Section 2.5.4). 
It was noticed that the mean loads o f the lateral and longitudinal wheel forces were not 
exactly zero. Although they were all quite close (the absolute values o f the means were 
less than 2% of the maximum measured values), it was reasoned that the combination o f 
eight greater-than-zero means would cause the model to feel a net translational force or 
rotational torque. This could cause the model to drift or become unstable. The reason for 
the means of the wheel forces being greater than / less than zero was attributable to the 
resolution o f the wheel force transducers. The mean loads o f the lateral and longitudinal 
forces from the wheel force transducers in the remote responses were zeroed using the 
ART module in nSoft (see Section 2.5.4). This was felt to have been justified as the area 
o f interest was the dynamic loads on the vehicle and not the static loads -  i.e. the 
amplitudes o f the forces about their means were important, not their absolute values.
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4.4.6 Selection of Input Channels for ADAMS Model
To accurately simulate the ADAMS model under loading from the road test 
simulator, careful selection of the input forces and displacements was necessary. The 
road test simulator used displacement control to provide vertical inputs and a 
combination o f force and displacement control to provide inputs in the lateral and 
longitudinal directions.
As explained later in Chapter 5, two separate input configurations were 
investigated. The first input configuration used vertical displacements and lateral and 
longitudinal forces to drive the model in an attempt mimic the behavior o f the simulator. 
The second configuration used vertical and longitudinal displacements and lateral forces 
as inputs to the virtual vehicle to improve the model’s stability during simulations.
The vertical displacement channels (see Table 4.5 -  Channels 1-4) o f the local 
responses were used as inputs to the model when run with input configurations #1 and #2. 
The longitudinal displacement channels (see Table 4.5 -  Channels 17-20) o f the local 
responses were used as longitudinal inputs to the virtual vehicle when simulations were 
run with input configuration #2.
A key point to note about the displacements o f the road test simulator is that they 
are not measured at the spindles but at the LVDTs in the actuators (see Figures 4.23 and 
4.24). These values are then multiplied by a bell crank ratio to determine resultant 
movement at the spindle. As shown later in Section 5.4, the displacements o f the rig 
measured at the actuator tend to overestimate the displacement o f  the spindles. This is 
particularly apparent in the lateral channels.
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The lateral and longitudinal forces o f the local responses (see Table 4.5 -  
Channels 5 - 1 2 )  were not measurements o f true lateral and longitudinal forces at the 
spindle points. Instead, the lateral and longitudinal forces o f the local responses were 
measured axially along the struts at the load cells. These areas are marked in Figure 4.23 
and Figure 4.24 and a photo showing the right front comer o f an actual vehicle attached 
to the road test simulator is shown in Figure 4.25.
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Figure 4.23 Drawing of one quarter o f the road test simulator shown from the side 
view at the right front wheel o f the automobile. The longitudinal load cell 
is shown in blue and measures the axial forces o f the strut. The actuators 
are shown in red and the ground is shown in green. Note that 
displacements are measured from linear variable differential transformers 
(LVDTs) at the actuators.
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Figure 4.24 Sketch o f one quarter o f the road test simulator shown from the rear 
view at the right front wheel o f the automobile. The lateral load 
cell is shown in blue and measures the axial forces o f the strut. The 
actuators are shown in red and the ground is shown in green. Note how 
displacements are measured from linear variable differential transformers 
(LVDTs) at the actuators.
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Figure 4.25 Photo showing the right front side o f a typical vehicle attached to a 16 
degree-of-freedom road test simulator. Photo shows how a vehicle 
attaches to the road test simulator, the location o f the lateral and 
longitudinal actuators and struts and how the wheel force transducer 
mounts to the spindle.
This meant that when the vehicle was raised or lowered, the lateral and 
longitudinal forces could contain vertical force components. Rather than perform a 
mathematical transformation to resolve these forces into true lateral, longitudinal and 
vertical forces, the wheel force transducer channels from the remote responses (see Table 
4.6 -  Channels 21-28) were used as inputs to the ADAMS model. These forces were 
measured simultaneously with the local responses and were a direct measure o f the forces 
at the spindles o f the vehicle.
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4.4.7 Importing Input Channels for Model into ADAMS
Using the DTA module in nSoft (see Section 2.5.4), the vertical and longitudinal 
displacements in the local responses o f the testing rig and the lateral and longitudinal 
wheel forces from the remote responses were converted into ASCII files. These files 
contained the data in a column format with time in the first column and the data in the 
second. Using the import function in ADAMS, the forces and displacements were 
brought into ADAMS in the form of spline functions. The vertical and longitudinal 
displacement splines and longitudinal and lateral force splines were used to drive the 
inputs created in Section 4.2.2.
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Chapter 5 Simulation o f Model / Analysis o f Data
5.0 General
In this chapter, the limitations o f the rig are discussed. Two linear analyses are 
performed in order to estimate the natural frequencies and modes o f vibration o f the 
model. Correlation between the ADAMS model and the physical vehicle on the road test 
simulator is examined by comparing accelerations, control arm angles and wheel forces 
from the model with those measured from the physical vehicle. The model is driven using 
two different input configurations and, using the second input configuration, the effects 
o f changing the control arm bushings are examined.
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5.1 Limitations of the Road Test Simulator
The road test simulator can approximate the behavior o f  the physical vehicle on 
the proving ground test course, usually to a high degree o f accuracy, but can not exactly 
duplicate the force and motion inputs. Often, during the iterative part o f the drive file 
development process (see Section 2.6.5), transducer channels will “fight” each other due 
to the complex, non-linear nature of the vehicle’s responses. For example, if  the wheel 
forces (measured from wheel force transducers) are selected to be control channels (see 
Section 2.6.5) during the iterative process, accelerations on parts o f the vehicle could be 
substantially different than those recorded at the proving grounds. Conversely, if  
accelerations on the vehicle are used as control channels during the iterative process, 
forces measured by wheel force transducers may be quite different. For this reason, 
careful selection o f control channels is necessary to ensure that the road test simulator 
replicates the proving grounds conditions with a high degree of accuracy.
There are some important differences between the conditions in the road test 
simulation laboratory and at the proving grounds test track. Discussion o f these 
differences should provide some insight into the tendency of channels to “fight” each 
other.
First, when the vehicle is attached to the road test simulator, inputs are applied 
directly to the axles rather than to tires at the tire patch. This is because it is difficult to 
apply road inputs to the tire patch without over-constraining the vehicle or excessively 
restricting its movement.
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Second, the vehicle’s engine is active during the acquiring o f data on the proving 
grounds test track, but is inactive during road test simulation. This means that driveline 
forces and torques are neglected during the road test simulation process.
Thirdly, the environment of the proving grounds can be quite different than that o f 
the road test simulation laboratory. Temperature and humidity could cause suspension 
components to behave differently. These components could expand in hotter climates and 
shrink in colder ones. Also, elastomeric compounds, such as the rubber contained in 
bushings, can become softer in hotter temperatures. In the current research, the 
temperature at the proving grounds during testing was between 35 and 42 degrees Celsius 
(between 95 and 108 degree Fahrenheit), with humidity less than 25%. The temperature 
at the road test simulation laboratory was a substantially lower 20 to 25 degrees Celsius 
(68 to 77 degrees Fahrenheit) with humidity o f 50 to 60%.
Finally, the road test simulator has a limited range of motion. The spindles o f the 
simulator rig can move approximately +/- 189 mm (+/- 7.4 in) in the lateral direction, +/- 
102 mm (+/- 4.0 in) in the longitudinal direction and +/- 191 mm (+/- 7.5 in) in the 
vertical direction. Due to the relatively short longitudinal stroke o f the road test 
simulator, some braking events on the proving ground cannot be exactly duplicated. Also, 
the road test simulator used in the current research has only 16 degrees o f freedom (only 
12 degrees o f freedom in the present research as braking torque was not simulated) and 
does not have the ability to simulate the degree o f turning or yawing that would occur at 
the test track.
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5.2 Linear Analysis
To obtain an estimate o f the mode shapes and natural frequencies o f the model, a 
linear analysis was performed using a module in ADAMS. To conduct this analysis, the 
model’s equations of motion had to be linearized at a point o f static equilibrium. A 
command in ADAMS was used to calculate the position of the model at static 
equilibrium. This equilibrium was performed at one point in time (time = 0). To facilitate 
the convergence o f a static equilibrium, bushings were added to the virtual vehicle at the 
tire patches in order to simulate tires. This was done as the vertical displacement inputs 
(and the longitudinal displacements inputs in input configuration #2 -  see Section 5.6) 
acted as fixed constraints when static equilibrium was performed, removing modes of 
axle vibration. Also, the lateral input forces (and longitudinal input forces in input 
configuration #1) were not balanced at time = 0. This created net accelerations, leaving 
the ADAMS solver unable to calculate the virtual vehicle at static equilibrium.
The bushings at the tire patch were given a typical tire stiffness, in the vertical 
N
direction, o f 220 -----. The lateral and longitudinal stiffness o f the tires were assumed to
mm
be the same as the vertical. The rotational stiffness o f the tires was assigned a value of 
N-m m
2000 ------— in each direction.
deg
In Section 5.6, two simulations were conducted -  one with the original bushings 
properties and one with the stiffness o f the control arm bushings reduced by 50% in the 
radial direction. To compare the changes in mode shapes and natural frequencies o f the 
model from varying these bushings properties, two linear analyses were conducted, one 
with each set o f bushing properties.
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The first linear analysis -  using the original bushing properties -  calculated 163 










Eigenvalues of Model with Original Bushings 
Time = 0.0
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Figure 5.1 Eigenvalue plot showing the real and imaginary parts o f the 163 calculated 
eigenvalues o f the model with the original bushings. Eigenvalues that have 
only real parts represent overdamped modes o f vibration. Eigenvalues 
with imaginary parts represent underdamped modes o f vibration. 
Eigenvalues with a value o f zero represent free (unconstrained) modes of 
vibration.
O f these 163 modes, 37 were in the frequency range o f interest (0-50 Hz). The 
descriptions o f the modes are summarized below in Table 5.1.
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Mode Summary - Original Bushings
Mode(s) # Frequency (Hz) Damping Ratio Description
1-10 0.4-36.8 1.00
(Overdamped)
Vibration of Steering Components, 
Rear Upper Control Arms and 
Stabilizer Bars
95 1.3 0.34 Body Pitch Around Rear Axle
96 1.4 0.19 Body Pitch Around Front Axle + Body Bounce
97 1.7 0.06 Body Roll Around Body CM
98 2.3 0.10 Full Vehicle Fore-and-Aft Shake 
+ Body Pitch Around Body CM
99-101 3.2, 3.7, 4.7 0.51, 0.03, 0.04 Coupled Modes - Body + Drivetrain
105,107 13.1, 14.6 0.04, 0.06 + Steering Movement
102 9.6 0.41 Front Parallel Wheel Hop
104 11.7 0.36 Rear Parallel Wheel Hop
103,108, 10.8, 15.0, 0.04, 0.06, Drivetrain Pitch, Yaw, Roll
110 18.6 0.06 Around Drivetrain CM Respectively
106 14.6 0.14 Steering System Movement
109 17.2 0.18 Front Wheel Tramp
111 18.9 0.18 Rear Wheel Tramp




Coupled Modes - Rear Stabilizer Bar Side 
Shake + Front Axle Fore-and-Aft Shake +
Rear Axle Yaw + Rear Axle Fore-and-Aft Shake
117 32.8 0.14 Coupled Mode - Rear Axle Yaw Around LR 
Corner of Vehicle + Front Axle Fore-and-Aft Shake
118 38.3 0.24 Rear Axle Yaw Around Body CM
119 40.4 0.15 Front Axle Yaw Around Body CM
122 44.2 0.17 Coupled Mode - Front Axle Windup + Front Axle 
Side Shake + Front Axle Fore-and-Aft Shake
123 47.7 0.32 Rear Axle Windup
124 48.0 0.21 Front Axle Windup
Table 5.1 Table showing modes o f vibration of the model under 50 Hz using the
original bushing properties. Table shows the mode number, frequency of 
mode, damping ratio and a short description o f the mode(s). Note: CM -  
centre o f mass. LR -  left rear. “+” -  “and” (indicating a coupled mode). 
Fore-Aft Shake -  translation along x axis. Side Shake -  translation along y 
axis. Windup -  rotation around horizontal transverse axis o f object’s 
centre o f mass.
Barak's Predictions of 
Typical Vehicle Mode Freguencies




10-12 Parallel Wheel Hop
Table 5.2 Table summarizing modal frequencies o f vibration for typical vehicles as 
predicted by Barak {2}.
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From Table 5.1, the body pitch, bounce and roll modes o f vibration fall in the 
frequency range of 1.3-1.7 Hz. As shown in Table 5.2, Barak {2} notes that body bounce 
usually occurs in the frequency range o f 1.0-1.3 Hz, body pitch in the range o f 1.2-1.6 Hz 
and body roll in the range o f 1.5-2.0 Hz. The calculated body modes show excellent 
correlation with Barak’s {2} prediction. Also, Barak {2} predicts that the parallel wheel 
hop frequencies typically occur in the range o f 10-12 Hz as shown in Table 5.2. Table 5.1 
shows that the vertical parallel wheel hop modes (mode where a pair o f wheels hop in 
phase - translation o f axle along z axis) occur at 9.6 Hz at the front axle and at 11.7 Hz at 
the rear axle. Modes o f axle tramp (mode where a pair o f wheels hop in opposite phase) 
are witnessed at frequencies o f 17.2 Hz (front) and 18.9 Hz (rear). The parallel wheel hop 
frequencies correlate extremely well with Barak’s {2} prediction in Table 5.2.
The pitch, yaw and roll natural frequencies o f the drivetrain assembly (engine, 
transmission and transfer case) are 10.8 Hz, 15.0 Hz and 18.6 Hz respectively. Although 
no data was available to the author on typical modes of vibration o f the drivetrain 
assembly, these frequencies seem reasonable as the engine mount bushings are fairly soft
N  N
(radial stiffness o f 400  to 600 ----- ) and the drivetrain assembly has a large mass
mm mm
(330 k g -7 2 6  lb).
Modes from 29.9 Hz to 48.0 Hz (Modes 114-119, 122-124) show modes o f axle 
side shake, axle longitudinal fore-and-aft shake and axle yaw. Several o f these modes are 
coupled -  i.e movements of many components in the same mode. Axle windup at the 
front o f the vehicle is observed at 48.0 Hz and rear axle windup is observed at 47.7 Hz. It 
is difficult to tell whether these modes are realistic as they are dependent upon the 
translational and rotational stiffness and damping properties o f the tires (bushings at the
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tire patch). Since no data was available on the stiffness of the vehicle’s tires in the lateral 
and longitudinal directions, these translational stiffness properties were simply assumed 
to have been the same as those o f the vertical. The stiffness o f the bushings at the tire
N-mni
patch in the rotational directions was also assumed to have been 2000  based on
deg
the author’s experience with bushings and their rotational stiffness with respect to their 
translational stiffness. These may not be valid assumptions.
The second linear analysis -  with the stiffness of the control arm bushings 
reduced by 50% in the radial direction -  was conducted to determine how changing 
bushing properties would affect modes o f vibration. The linear analysis calculated 177 












Eigenvalues of Model W ith Bushings Reduced 
Time = 0.0
a i m -Wt-
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Figure 5.2 Eigenvalue plot showing the real and imaginary parts o f the 177 calculated 
eigenvalues o f the model with the original bushings. Eigenvalues that have 
only real parts represent overdamped modes o f vibration. Eigenvalues 
with imaginary parts represent underdamped modes o f vibration. 
Eigenvalues with a value o f zero represent free (unconstrained) modes o f 
vibration.
O f these 177 modes, 37 were in the frequency range o f interest (0-50 Hz).
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Descriptions o f the modes are summarized below in Table 5.2.
Mode Summary - Cc 
Stiffness Reduced by 5
)ntrol Arm Bushing 
0% in Radial Direction
Mode(s) # Frequency (Hz) Damping Ratio Description
1-10 0.4-37.7 1.00
(Overdamped)
Vibration of Steering Components, 
Rear Upper Control Arms and 
Stabilizer Bars
123 1.2 0.32 Body Pitch Around Rear Axle + Full Vehicle 
Translation Along X Axis
124 1.4 0.17 Body Pitch Around Front Axle + Body Bounce
125 1.7 0.07 Body Roll
126 1.9 0.16 Full Vehicle Fore-and-Aft Shake 
+ Body Pitch Around Body CM
127-129
133,135
3.2, 3.6, 4.7 
13.0, 14.6
0.04, 0.03, 0.04 
0.04, 0.06
Complex Modes - Body + Drivetrain 
+ Steering Movement
130 9.6 0.42 Front Parallel Wheel Hop







Drivetrain Pitch, Yaw, Roll 
Around Drivetrain CM Respectively
134 14.5 0.13 Steering System Movement
137 17.1 0.18 Front Axle Tramp
139 19.4 0.19 Rear Axle Tramp




Complex Modes - Front Axle Fore-and-Aft 
Shake + Rear Axle Fore-and-Aft Shake 
+ Steering System Movement
143 24.3 0.19 Rear Axle Yaw
144 30.4 0.11 Rear Stabilizer Side Shake
146 36.8 0.24 Rear Axle Side Shake
147 38.4 0.18 Front Axle Windup
148 42.4 0.37 Rear Axle Windup
149 41.4 0.15 Front Axle Windup + 
Front Axle Side Shake
150 47.5 0.22 Front Track Bar Twist Around Y Axis
Table 5.3 Table showing modes of vibration o f the model under 50 Hz with the
control arm bushings reduced by 50% in the radial direction. Table shows 
the mode number, frequency o f mode, damping ratio and a short 
description o f the mode(s). Note: CM -  centre o f mass. “+” -  “and” 
(indicating a coupled mode). Fore-Aft Shake -  translation along x axis. 
Side Shake -  translation along y axis. Windup -  rotation around horizontal 
transverse axis o f object’s centre o f mass.
Comparing Table 5.3 with Table 5.1, it is noticed that reducing the stiffness o f the 
control arm bushings causes a decrease in frequency o f the mode o f “full vehicle fore- 
and-aft shake + body pitch around cm” (see Table 5.1 -  mode 98, Table 5.3 -  mode 126)
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from 2.3 Hz to 1.9 Hz. Table 5.3 also shows that, modes involving axle fore-and-aft 
shake generally have dropped. For example, the coupled modes that occur after the axle 
tramp frequencies (modes 114-116 -  Table 5.1, modes 140-142 -  Table 5.3) now occur at 
a lower frequency - 20.3 Hz to 22.5 Hz, as opposed to 29.9 Hz to 30.9 Hz. This is a drop 
of about 30%. Also, these modes are slightly different. In linear analysis #1, these 
coupled modes involved the motion o f the rear stabilizer bar, whereas in linear analysis 
#2 no stabilizer bar motion is present.
Although linear analysis does introduce error by converting a dynamic non-linear 
system into a static system linearized about an equilibrium point, it does allow for a 
rough approximation o f the natural modes o f vibration. In fact, the frequencies o f the 
body (pitch, bounce and roll) and the parallel wheel hop frequencies correlate quite well 
with frequencies predicted by Barak {2} shown in Table 5.2. Linear analysis also shows 
that in a highly complex model, changing the stiffness properties o f components 
(especially bushings) can change modes o f vibration thereby causing components to 
interact and vibrate in different ways.
5.3 Simulation of Model / PSD Plots
The main objective o f the current research was to use inputs from the road test 
simulator to drive the virtual model and then to observe how well the responses o f the 
model correlated to those o f the physical vehicle by comparing their respective outputs.
To accomplish this task, simulations were conducted using two different input 
configurations, as mentioned briefly in Section 4.4.6. The time history outputs from the 
model were converted into PSD plots and then overlaid with PSD plots created from the
166
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
responses o f the physical vehicle on the road test simulator. In theory, these plots should 
correlate quite closely.
Each simulation in ADAMS was run for a period of 50 seconds, with a total o f 
20480 steps, to obtain a sampling rate of 409.6 samples per second. This was equal to the 
sampling rate o f the remote responses.
The time history responses o f the ADAMS model, measured at markers at the 
approximate locations o f transducers on the physical vehicle (see Section 4.2.2), were 
exported to DAC fdes (see Section 2.5.4 -  REMDAC Module), using a command in 
ADAMS. These files were then converted into PSD plots, using the ASD module (see 
Section 2.5.4) in nSoft. The Fast Fourier Transform buffer was set to 4096, the buffer 
overlap was set to 67% and the window type used was Hanning.
Time history transducer data obtained from the physical vehicle at the proving 
grounds and from the physical vehicle on the road test simulator was also converted to 
PSD plots, using the ASD module in nSoft. Again, when converting from time history to 
power spectral density data, the Fast Fourier Transform buffer was set to 4096, the buffer 
overlap was set to 67% and the window type used was Hanning.
5.4 Comparison of Accelerations Derived from Local Response Displacements with 
Accelerations on Axles of Vehicle
As mentioned briefly in Section 4.4.6, the displacements o f the road test simulator 
in the local responses were measured at the actuators and then multiplied by bell crank 
ratios to determine the displacements at the spindle. A comparison was conducted 
between the accelerations o f the spindle measured by the actuators o f the road test 
simulator and the accelerations on the axles o f the physical vehicle. This was done to
167
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
gauge whether displacements from the local responses (see Table 4.5 -  Channels 1-4, 13- 
20) would be sufficient to use as true displacements at the spindle. If the axles were 
considered to be solid (i.e. deformation was assumed to be negligible), the accelerations 
o f the spindles should match the accelerations o f the axles in all directions. This, in turn, 
meant that if  the displacements o f the local responses were equal to the displacements at 
the spindle, the accelerations o f both should be equal, since acceleration is the second 
derivative o f displacement with respect to time. Therefore, the second derivative o f the 
displacements o f the local responses should correlate closely to accelerations o f the axles 
in the corresponding directions. Figures 5.3-5.4 and Figures 5.7-5.10 compare power 
spectral density plots o f the second derivative o f displacements from the local responses 
(see Table 4.5 -  Channels 1-4, 13-20) with the accelerations measured on the axle from 
the remote responses (see Table 4.6 -  Channels 1-12). The Integration / Differentiation 
(ITGDFT) module in nSoft (see Section 2.5.4) was used to differentiate the local 
displacements from the testing rig.
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Second Derivative of Displacement 
(Acceleration), LF Lat. Actuator of 
Road Test Simulator
Lateral Acceleration of Front Axle 
Measured By Accelerometer at LF of 
Vehicle
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Figure 5.3 PSD plots showing how the second derivative o f the left front lateral 
displacements o f the local responses compare with the lateral 
accelerations measured at the left side o f the front axle from the remote 
responses (see Figure 4.11 -  location 1).
Lat. Acceleration Measured at 
Right Side of Rear Axle
Second Derivative of Displacement 
(Acceleration), RR Lat. Actuator 
of Road Test Simulator
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Frequency (Hz)
Figure 5.4 PSD plots showing how the second derivative o f the right rear lateral
displacements o f the local responses compare with the lateral accelerations 
measured at the right side o f the rear axle from the remote responses (see 
Figure 4.11 -  location 4).
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Figures 5.3-5.4 show that the power spectral density plots o f the local responses 
in the lateral direction differ substantially from those o f the remote responses. At the 
front o f the vehicle (see Figure 5.3), the maximum frequency peak in the accelerations o f 
the local responses is almost an order o f magnitude larger than the maximum frequency 
peak in the remote responses. To give an estimate o f how much difference this is in terms 
o f amplitude in time history plots, the square root o f the ratio o f the magnitudes o f the 
maximum peaks is taken. This means that the accelerations derived from the 
displacements o f the simulator are about 3 times as great as the accelerations felt laterally 
at the left side o f the front axle. Also, there appears to be a range o f frequency peaks with 
high magnitude at 38-45 Hz in local responses that do not appear in the remote responses. 
The lateral accelerations derived from local displacements at the right side o f the rear 
axle (see Figure 5.4) also correlate poorly with the accelerations in the remote responses. 
This lack o f correlations indicates that, if  lateral displacements are used to drive the axles 
in the lateral direction, the displacements o f the axles will be much greater than those o f 
the physical vehicle on the road test simulator. If used in the model, these lateral 
displacement inputs will cause forces in the suspension components and accelerations on 
the axle to be much greater than they actually are.
The reason for the difference in the accelerations o f the lateral channels is 
unknown. However, one possible explanation is that, as shown in Figure 5.5 and Figure 
5.6, the lateral strut o f the road test simulator is attached to the spindle housing at the tire 
patch. The spindle housing is allowed to rotate about the centreline o f the wheel (point 
shown in Figure 5.6) and bushings are used at this pivot. This means that the actuator is 
applying a moment, as well as a force, to the spindle o f the vehicle around the centreline
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of the wheel. It has been observed on several occasions that, during actual road test 
simulation trials, the wheel hub assembly o f the vehicle bends with respect to the axle. 
This may account for the differences in the accelerations. The rolling radius o f the 
vehicle is 339.7 mm (13.4 in). If the wheel hub o f the vehicle deflects by 5 degrees 
around the centreline o f the wheel, the displacement o f the lateral strut in the lateral 
direction would be:
y  = Rr tan9sp = 339.7 tan(5) = 29.7 mm (1.2 in)
Where:
R r -  Rolling radius
9 -  Angle o f spindle housing with respect to the z axis.
The above value, when compared to the stroke o f the rig, +/-102 mm (4.0 in), is 
quite substantial. If  the whole axle itself bends, this value may be even greater. This may 
explain why the lateral actuator is recording larger displacements - the axle is deflecting 
because o f the moment created by the application o f the force at the tire patch.
















Figure 5.5 Drawing o f one quarter o f the road test simulator shown from the side
view at the right front wheel o f the automobile. This drawing indicates the 
location o f bushings and o f longitudinal and lateral strut attachment 
points.
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Figure 5.6 Sketch o f one quarter o f the road test simulator shown from the rear view
at the right front wheel o f the automobile. This drawing indicates the 
location o f bushings and longitudinal strut attachment points. Notice how 
the lateral strut connects to the simulator at the location o f the tire patch 
and how the spindle housing pivots about the point shown on the picture.
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Second Derivative of Displacement Long. Acceleration Measured at
(Acceleration), LF Long. Actuator Left Side of Front Axle
of Road Test Simulator
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Frequency (Hz)
Figure 5.7 PSD plots showing how the second derivative o f the left front longitudinal 
displacements o f the local responses compare with the longitudinal 
accelerations measured at the left side o f the front axle from the remote 
responses (see Figure 4.11 -  location 1).
Second Derivative of Displacement Long. Acceleration Measured at
(Acceleration), RR Long. Actuator Right Side of Rear Axle
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Figure 5.8 PSD plots showing how the second derivative o f the right rear longitudinal 
displacements o f the local responses compare with the longitudinal 
accelerations measured at the right side o f the rear axle (see Figure 4 .1 1 -  
location 4) from the remote responses.
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Figures 5.7-5.8 also show similarity between the longitudinal accelerations o f the 
actuators and those o f the vehicle’s axles -  particularly at the rear of the vehicle, where 
correlation is excellent. At the front o f the vehicle, the accelerations from the local 
responses appear to follow the shape o f the PSD plots o f the remote responses. But, they 
are higher in magnitude -  especially in the frequency range o f 10-12 Hz. It is unclear as 
to why correlation appears to be better in the rear than at the front o f  the vehicle. One 
theory is that the steering system at the front o f the vehicle may be responsible for this 
difference, since the front and rear suspensions are almost identical. This is because the 
steering knuckles are connected to the front axle at steering yokes by ball joints. The ball 
stud of each ball joint is shrouded in a plastic sleeve and, under loading, this sleeve may 
compress, allowing the ball stud to move in its casing. This “slop” in the ball joints of the 
steering knuckle may be responsible for the differences in correlation between the front 
and the rear o f the vehicle.
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Figure 5.9 PSD plots showing how the second derivative o f the left front vertical
displacements o f the local responses compare with the vertical 
accelerations measured at the left side o f  the front axle from the remote 
responses (see Figure 4.11 -  location 1).
Second Derivative of Displacement Vert. Acceleration Measured at
(Acceleration), RR Vert. Actuator Right Side of Rear Axle
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Figure 5.10 PSD plots showing how the second derivative o f the right rear vertical 
displacements o f  the local responses compare with the vertical 
accelerations measured at the right side o f the rear axle from the remote 
responses (see Figure 4.11 -  location 4).
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Figures 5.9-5.10 show a strong correlation at the rear o f the vehicle between the 
accelerations o f local responses and the accelerations of the axle in the vertical direction. 
Again, as in Figures 5.7-5.8, correlation appears to be worse at the front o f the vehicle 
(see Figure 5.9). However, the frequency distribution and magnitudes o f the power 
spectral density plots from the accelerations o f the local responses almost match those of 
accelerations on the front axle, except from 9.5-12 Hz, where the accelerations o f the 
local responses are higher in magnitude. It is uncertain as to why this occurs but, as 
explained previously, ball joint slop in the steering system may be responsible for the 
decrease in correlation at the front o f the vehicle.
5.5 Input Configuration #1 -  Using Vertical Displacements and Lateral and 
Longitudinal Forces to Drive the Model.
The first few simulations involved driving the virtual model using vertical 
displacements from the local responses (see Table 4.5 -  Channels 1-4) and lateral and 
longitudinal forces measured by wheel force transducers from the remote responses (see 
Table 4.6 -  Channels 21-28). This will be referred to in the current research as “input 
configuration #1”. It was done to mimic as closely as possible the control inputs o f the 
road test simulator.
5.5.1 Stability Issues /  Use of Damping to Control Model
When the first few simulations were run using input configuration #1, the model 
appeared to “drift” (excessive translation from its starting position) along the x and y 
axes. The vehicle also appeared to yaw about the z axis in the positive z direction by 
more than 90 degrees, over the duration o f the simulation. No excessive movements in
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the z direction (vertical) or x and y rotations (roll and pitch) were observed, because the 
vertical inputs at the spindles were displacements. When displacements are used to define 
an object’s motion, they act as rhenomic constraints (see Section 2.3) and do not allow 
bodies to deviate from a prescribed path.
In an effort to control this extreme yawing and translation motion, damping was 
added to the virtual model by creating lateral and longitudinal damping forces, between 
the axles o f the model and the ground, at the spindle points. It was reasoned that, if  the 
degree o f damping was mild enough, the model might maintain stability throughout the 
simulation with minimal effects on low frequencies o f interest (0-50 Hz). The damping 
forces to the model were modeled as viscous, velocity-proportional forces with 
appropriate coefficients being determined through a trial-and-error approach.
A sensitivity analysis was conducted to investigate the effects o f adding these 
viscous damping forces to the axles. In this analysis, four simulations were run with the 
longitudinal and lateral damping forces. Initially, the coefficient o f damping for these
N-s
forces was given value o f 1  and both the longitudinal and lateral damping forces
mm
N'S N'S N-s
were decreased simultaneously down to 0.5 ----- , 0.1  and then finally 0.01 ------.
mm mm mm
The effects o f these damping forces are shown in Figures 5.11-5.14.
Due to symmetry along the xz plane o f the vehicle and the fact that the front and 
rear axles were both solid, PSD plots for the lateral and longitudinal accelerations on the 
left and right sides o f the vehicle were almost identical. Only PSD plots o f accelerations 
at the front left and the rear right o f the vehicle are shown.
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Another point worth noting is that the lateral and longitudinal damping did not 
affect the vertical accelerations o f the axle, because the vertical inputs to the axle were 
displacements and their motions were fixed with respect to time.
Lat and Long Lat and Long Lat and Long Lat and Long
Damping Damping Damping Damping
1 N*s/mrn 0.5 N*s/rnm 0.1 N*s/rnm 0.01 N*s/rnm
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Figure 5.11 PSD plots o f the lateral accelerations o f the axle at the left front o f the 
ADAMS model (see Figure 4.11 -  location 1). These plots show how 
increasing the damping forces at the axles affects the magnitude o f the 
power spectral density o f lateral accelerations at the front axle.
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Figure 5.12 PSD plots o f the lateral accelerations o f the axle at the rear right of
the ADAMS model (see Figure 4.11 - location 4). These plots show how 
increasing the damping forces at the axles affects the magnitude o f the 
power spectral density o f lateral accelerations at the rear axle.
Lat and Long Lat and Long Lat and Long Lat and Long
Damping Damping Damping Damping
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Figure 5.13 PSD plots o f the longitudinal accelerations o f the axle at the left front 
o f the ADAMS model (see Figure 4.11 -  location 1). These plots show 
how increasing the damping forces at the axles affects the magnitude o f 
the power spectral density o f longitudinal accelerations at the front axle.
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Figure 5.14 PSD plots o f the longitudinal accelerations of the axle at the right rear 
of the ADAMS model (see Figure 4.11 -  location 4). These plots show 
how increasing the damping forces at the axles affects the magnitude o f 
the power spectral density o f longitudinal accelerations at the rear axle.
In Figure 5.11-5.14, damping appears to have effects on the magnitude o f the 
power spectral density, at least at some frequencies. In Figure 5.11, increasing the lateral
N-s N-s
and longitudinal damping forces at the axles from 0.01  to 1  appears to
mm mm
decrease the maximum magnitude of the PSD curves at 10 Hz by a factor o f 11




. However, the low frequency components in Figure 5.11 appear to
be almost unaffected by the changing of damping rates. Higher coefficients o f damping 
forces at the axles also seem to cause the magnitudes at higher frequencies (20-40 Hz) in 
Figure 5.11 to become reduced and the curves themselves to become smoother.
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At the rear o f the vehicle, shown in Figure 5.12, damping seems to have a 
substantial effect on the PSD curves of lateral acceleration, particularly in the frequency
N-s N-s
range o f 20-35 Hz. By increasing the damping coefficient from 0.01  to 1  at the
mm mm
lateral and longitudinal axle damping forces, the maximum magnitude decreased by a





(m m / s 2 ) 2
Hz
. Once again, it is interesting to note that the
lower frequency ranges (0-20 Hz) seem unaffected by the differences in damping rates.
The longitudinal channels were also affected by an increase in damping. In Figure 









times when the damping rates were increased from 0.01  to
mm
1 ----- . Magnitudes in the frequency range o f 16-35 Hz were also substantially reduced.
mm
In Figure 5.14, it is evident that the magnitudes o f the PSD curves are most affected in 
the 25-35 Hz frequency ranges with magnitudes o f power spectral density being reduced 
dramatically as damping is increased.
From Figures 5.11-5.14, it can be concluded that increasing the damping forces at 
the axles o f the model causes a general reduction in the magnitudes o f certain frequency 
ranges in the power spectral density o f accelerations on the axles. The removal o f these 
frequency components will cause the axles to behave differently and will have an impact 
on the forces transmitted to suspension components. It is observed from Figure 5.11-5.14
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that adding damping forces the axles o f the model tends to damp out or suppress certain 
frequencies and tends to “smooth” the PSD curves. In most o f the PSD plots, frequencies 
in the range of 20-35 Hz were particularly affected the by high damping forces at the 
axles. Coupled modes 114-116 and 117 (see Table 5.1) predicted by the linear analysis in 
Section 5.2, which involve axle movement, appear to fall into these frequency ranges. 
However, it is important to realize that the modes predicted by the linear analysis depend 
upon the tire properties given to the model to facilitate static equilibrium. This means that 
the modes calculated by the linear analysis may actually be lower or higher than 
predicted.
With a complex model having more than 100 degrees o f freedom, it is difficult to 
tell simply from PSD plots what is responsible for the presence o f certain dominant 
frequency components. Different types o f road profiles will excite different frequencies 
and will cause resonance in different components. Linear analysis can help to determine 
some natural frequencies o f the system, but the model must linearized about a static 
equilibrium point. This means converting a dynamic system, often with non-linear 
properties into a static system with linear properties.
N ’S N-s
In summary, using low damping coefficients such as 0.1  and 0.01  for
mm mm
the damping forces at the axles has minimal effects on all frequencies o f interest (0-50 
Hz). However, when using these low damping rates, the model became unstable during
N-s
simulations. At lateral and longitudinal damping rates o f 1 .0 ------, the model was stable
mm
through the 50-second duration o f the simulation. But from Figures 5.11-5.14, it was 
noticed that the magnitudes o f certain lateral and longitudinal frequency signals were
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damped out significantly, which could ultimately affect vehicle durability predictions. 
This is the dilemma that arises when forces are used to drive the model.
To explain why instability o f the model occurs, it must be realized that the model 
is both a complex dynamic system of moving parts and a somewhat simplified 
representation o f the physical vehicle. Forces do not prescribe fixed positions with 
respect to time, as do displacements. The same force will cause a more massive object to 
accelerate more slowly than a less massive one. If  an element o f the mass matrix (see 
Section 2.3) that makes up the system of equations o f the ADAMS model is different 
than that o f the physical vehicle, parts o f the model will accelerate faster or slower than 
components on the physical vehicle. Also, it should be noted that if  the input forces on 
the virtual model are not exactly aligned with those on the physical vehicle, these 
differences in position and orientation will cause parts to move differently. Finally, 
depending on an object’s initial conditions, it will displace differently with respect to 
time. This is because the acceleration o f an object must be integrated twice to derive its 
displacement with respect to time, requiring two constants o f integration to be provided - 
initial velocity and initial displacement. As shown in Figure 5.15, giving different initial 
conditions to two identical blocks under loading from identical forces will cause them to 
displace in different ways. This example serves as a good illustration o f how drifting can 
occur if  the initial conditions o f the model are not exactly the same as those o f the 
physical vehicle. One point o f interest is that the blocks in the ADAMS simulation o f 
Figure 5.15 appeared quite sensitive to changes in initial velocity conditions -  small 
changes in initial velocity would cause drifting to occur.
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Figure 5.15 ADAMS models o f two identical 20 kg blocks, each with identical 10 N,
1 Hz, sinusoidally-varying forces acting upon them. The top block 
(block 1 - beige) is initially at rest, while the bottom block (block 2 -
171171
blue) has an initial velocity o f - 7 9 .9  in the x direction. Each block
is attached to the ground by a slider joint, allowing only translational 
motion in the x direction. Red arrows represent the sinusoidal forces, 
while the yellow lines show traces o f  the blocks’ displacements over time. 
Notice how block 1 “drifts” along the x axis, while block 2 oscillates 
around a mean of zero displacement.
From a stability standpoint, displacements are more desirable to use as inputs. 
Displacements can be thought o f  as constraints with respect to time. Every object to
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which a displacement with respect to time is given will have the same displacement, 
velocity and acceleration regardless o f its mass. To obtain the velocity and acceleration o f 
an object, the first and second derivatives o f its displacement are taken. These operations 
do not require any initial conditions to be provided. Differentiating, however, has the 
adverse effect o f introducing some high-frequency error.
5.5.2 Correlation by PSD Comparisons of Output Data from Virtual Model and 
Physical Vehicle
The model was simulated using the first input configuration (vertical
displacements and lateral and longitudinal forces) and lateral and longitudinal damping
N-s
force coefficients o f 1 .0  to ensure stability. Shown in Figures 5.16 to 5.27 are the
mm
power spectral density comparisons o f the ADAMS calculation compared with the 
“desired responses” and the “remote responses”. In the following section, the “desired 
responses” (see Section 2.6.2 and Table 4.4) are the filtered, edited, steering corrected 
data that was obtained from the vehicle’s responses at the proving grounds. The “remote 
responses” (see Section 4.4.4 and Table 4.6) are the responses of the physical vehicle 
(measured by the transducers onboard the vehicle described in Section 4.4.2) on the road 
test simulator (RTS) during the durability test cycle.
Note that again, as explained in Section 5.5.1, PSD plots for the lateral and 
longitudinal accelerations on the left and right sides o f the vehicle are almost identical. 
This is due to symmetry along the xz plane o f the vehicle and the fact that the front and 
rear axles were both solid. Only PSD plots at the front left and the rear right o f the 
vehicle are shown.
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Figure 5.16 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle - proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured laterally 
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Figure 5.17 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle - on 
RTS) and the ADAMS calculation. Accelerations were measured laterally 
on the right side o f the rear axle (see Figure 4.11 -  location 4).
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Looking at the PSD plot o f the lateral accelerations measured at the left side o f 
the front axle (see Figure 5.16), the ADAMS model almost exactly predicts the small 
peak that occurs in both the desired responses and the remote responses at 1.6 Hz. 
However, the virtual model does not appear to predict the large peaks that occur in the 
desired responses and the remote responses at approximately 10-12 Hz. By looking at 
Figure 5.11, it is evident that the discrepancy is a result o f lateral damping at the axles 
added to the model to control its stability. These damping forces appear to suppress these 
frequency ranges.
In Figure 5.16, the remote responses show a frequency peak at 10-12 Hz that is 
far larger in magnitude than that shown in the desired responses. This is probably due to 
the fact that the lateral accelerations were not used as control channels during the drive 
file development process and, subsequently, were not monitored during the iteration 
process. This is an example o f transducers “fighting” each other, as mentioned in Section 
5.1, and could be a result o f the differences between the conditions at the proving 
grounds and in the road test simulation laboratory. At present, it is unclear what these 
peaks represent. Linear analysis in Section 5.2 predicts that the only natural modes of 
vibration in the frequency ranges o f these peaks (10-12 Hz) are the front and rear parallel 
wheel hop modes and the engine pitch mode. These modes do not appear to have any 
lateral movement. One explanation for the large peak at 10 Hz in the lateral channels is 
that the lateral accelerometers on the physical vehicle were picking up components o f the 
front parallel wheel hop frequency. Further physical and virtual testing should be 
conducted to investigate the source o f these frequency peaks.
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In Figure 5.17, ADAMS predicts very accurately the frequency distribution from 
0-15 Hz. It calculates the large frequency peak at 0-5 Hz that occurs in the desired 
responses and the remote responses and also predicts the same frequency peak at 8-15 Hz 
with almost identical magnitude. After 15 Hz, ADAMS shows a series o f  smaller 
frequency peaks at 26-32 Hz. These peaks in the desired responses and remote responses 
occur at 16-26 Hz, a lower frequency, and have a larger magnitude. Figure 5.12, shows 
the reason for this difference in magnitude. The damping forces at the axles, added to the 
model to control stability, were suppressing the magnitudes o f these frequency peaks. 
However, the peaks in the ADAMS calculations still occur at too high a frequency. The 
discrepancies in frequency distribution between the virtual model and the raw and desired 
responses could be due to differences in the stiffness o f some o f the connective elements 
in the lateral direction. Referring back to Equation 2.5, the natural frequency o f an object 
is defined as:
Where:
k  -  stiffness 
m -  mass
From this equation, it can be concluded that stiffer objects will oscillate at higher 
frequencies, as will less massive objects. The track bar at the rear o f  the vehicle, which is 
connected by bushings to the body and the axle, provides nearly all o f the lateral stiffness 
to the rear suspension. This is because all other suspensions components connected to the 
axle, such as the coil springs, control arm bushings and shock absorbers, are not very stiff 
in the lateral direction. In ADAMS, the track bar was modeled as a rigid entity, as the
189
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track bar on the physical vehicle was a thick, solid steel bar. Because this bar was very 
stiff, the flexible modes o f vibration should be very high (>  200 Hz). This meant that the 
elements most likely to be responsible for lateral resonant frequencies were the track bar 
bushings. It is possible that these were too stiff.
From 16-26 Hz in Figure 5.17, the desired responses and the remote responses 
appear to match well from a frequency perspective, but not with respect to magnitudes. In 
the remote responses, the magnitudes o f frequencies in this range are much larger than 
those o f the desired responses. It is unknown why this occurs. But, once again, it may be 
attributable to differences in the conditions at the proving ground and in the road test 
simulation laboratory. It is probably a result o f transducers fighting each other because 
lateral accelerations on the axles were not used as control channels during the drive file 
development process.
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Figure 5.18 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
longitudinally on the left side of the front axle (see Figure 4.11 -  location 1).
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Figure 5.19 PSD plots comparing accelerations from the “desired responses” (physical
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
longitudinally on the right side o f the rear axle (see Figure 4 .1 1 -  location 
4).
Figure 5.18 shows that ADAMS predicts a similar trend in frequency distribution 
o f the longitudinal accelerations at the left o f the front axle as that shown by graphs o f the 
desired responses and remote responses. In fact, the frequency distribution almost exactly 
matches that o f the desired responses. However, the longitudinal accelerations at the left 
o f the front axle predicted by ADAMS should correlate with the remote responses, since 
it was data from the road test simulator that was used for input. In Figure 5.13, the 
magnitudes o f frequencies at 10-16 Hz and 17-35 Hz increased when the damping forces 
at the axles were reduced. This demonstrates that damping forces at the axles are 
probably responsible for the differences in magnitudes between the ADAMS prediction 
and the remote responses as seen in Figure 5.18. The desired responses and the remote 
responses possess similar frequency distribution trends, but the remote responses have a
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greater power spectral density, particularly in the ranges o f 8-15 Hz and 16-25 Hz than do 
the desired responses. Again, this is probably a result o f the front longitudinal 
accelerations o f the front axle not being monitored during the iterative part o f the drive 
file development process.
In Figure 5.19, the ADAMS model predicts a resonant frequency at 10-12 Hz.
This same frequency peak occurs in the raw and desired responses, but at a much larger 
magnitude. Also, ADAMS predicts a second peak in the frequency range of 27-32 Hz, 
whereas this second peak occurs at a lower frequency range (15-25 Hz) in the raw and 
desired responses.
Observing Figure 5.14, damping does not seem to have an effect on the frequency 
peak at 10-12 Hz, so damping forces at the axles are probably not responsible for the 
differences in magnitude between the ADAMS prediction and the desired responses and 
the remote responses. It is not known why the difference in magnitudes at this frequency 
range occurs. One explanation might be that the virtual sensor on the ADAMS model was 
not aligned correctly with the accelerometer on the physical vehicle. It is possible that the 
accelerometers on the physical vehicle were tilted in relation to those on the ADAMS 
model and were picking up lateral and / or vertical frequency components. Only pictures 
o f the locations o f the accelerometers were available to the author and the locations and 
orientations o f the accelerometers on the ADAMS model had to be estimated. For this 
reason, it is important to realize that perfect correlation o f the virtual and physical 
responses cannot be expected.
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Figure 5.20 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
vertically on the left side o f the front axle (see Figure 4.11 -  location 1).
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Figure 5.21 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
vertically on the right side o f the rear axle (see Figure 4.11 -  location 4).
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Figures 5.20 and 5.21 show that the ADAMS model had excellent correlation 
with both the desired responses and the remote responses in the vertical direction. This 
precise agreement was observed because the axle was driven vertically by displacements. 
To determine an object’s acceleration from its displacement with respect to time, one 
needs only to differentiate the displacement with respect to time twice. The motion o f this 
object, and hence the axles o f the model in the vertical direction, is independent o f its 
mass. Running the model with as many displacements as possible ensures that the model 
will be stable. However, because the motion of a component with a displacement input is 
independent o f mass, measurements other than accelerations o f the front and rear axles in 
the vertical directions (wheel forces for example) must be compared to confirm 
correlation between the model and the physical vehicle.
The peaks in Figure 5.20 and Figure 5.21 reflect vertical natural frequencies o f 
the axles, namely the parallel wheel-hop frequencies. This is a well-documented 
frequency at which the axle vibrates vertically with respect to the body. Because the
N  N
springs have a relatively low stiffness (20-45 -----) as do the tires (200-300 ------ ) when
mm mm
N
compared with the suspension bushings (1000-10000 ----- ), and because the axles have
mm
relatively large masses (100+ kg each), the wheel hop frequency according to Equation 
2.5, should be relatively low. Barak {2} explains that in most vehicles, wheel hop 
frequencies in the front and rear are close to 10-12 Hz (see Table 5.2). Barak {2} gives an 
equation for estimating the wheel hop frequency:
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5.1
Where:
Fwh -  Wheel hop frequency ( Hz )
K s -  Spring stiffness ( N / m )
K t -  Tire stiffness ( N / m )
M u -  Unsprung mass -  Axle (kg)
Assuming that:
N
1. The tires have a vertical stiffness o f 220000 — each (Barak {2}),
m
N
2. The front springs have a vertical spring constant o f 23100 — each.
m
N
3. The rear springs have a vertical spring constant o f 35000 — each.
m
4. The front axle has a mass o f 122.5 kg.
5. The rear axle has a mass o f 104.5 kg.
The parallel wheel hop frequencies for the front and rear axles, according to 
Equation 5.1, are 10.0 Hz and 11.1 Hz respectively. These predicted frequencies are very 
close to the parallel wheel hop frequencies predicted by the linear analysis in Section 5.2 
(see Table 5.1) and to the large frequency peaks that appear in all plots in Figures 5.20 
and 5.21.
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Figure 5.22 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
vertically on the left front o f the body (see Figure 4.11 -  location 5).
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Figure 5.23 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. Accelerations were measured 
vertically on the right rear o f the body (see Figure 4.11 -  location 8).
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PSD plots o f the vertical acceleration o f the body with respect to time (see Figures 
5.22 and 5.23) show that the virtual model shows excellent correlation with the desired 
responses and the remote responses at the right rear (see Figure 5.23), and from 0-5 Hz at 
the left front (see Figure 5.22). After 5 Hz, the desired responses and remote responses 
show a large resonant frequency range at 9-18 Hz at the left front o f the body, whereas 
the ADAMS model does not show any resonant frequencies in this range. Possible 
reasons for the differences in frequency distribution and magnitude between the ADAMS 
calculation and the remote responses in the front vertical body accelerations at 9-18 Hz 
are:
1. On the physical vehicle, the body’s accelerometers are mounted to sheet metal
in the wheel wells at the top o f the coil springs. Because the sheet metal has a low 
thickness at the mounting point, relative to other parts on the body, it is possible 
that the metal may be flexible enough to allow the vertical wheel-hop frequency 
to be transmitted to the accelerometers. In ADAMS, all parts o f the body of the 
virtual model are rigid and do not deform.
2. A flexible mode o f the entire body or frame is responsible for the resonant 
frequencies at 9-18 Hz in the desired responses and remote responses.
The body has a large amount o f relatively thin sheet metal, a “ladder frame” and a 
very large mass when compared with other components o f the vehicle. The 
characteristics o f these attributes indicate that low frequency flexible modes of 
vibration should occur during proving grounds testing and road test simulation. 
The responses o f the ADAMS model will not show the frequency components o f 
these modes because the body o f the virtual vehicle is rigid.
As explained in Section 5.2, Barak {2} notes that major body modes of vibration 
(pitch, bounce, roll) are typically in the frequency range o f 1-2 Hz (see Table 5.2).
Barak {2} explains that, for most vehicles, the body bounce frequency (translation o f the 
body along the z axis) is typically 1.0-1.3 Hz, and the body pitch frequency (rotation of 
the body about the y axis at its centre o f mass) is about 1.2-1.6 Hz. The roll frequency 
(rotation o f the body about the x axis at its centre o f mass) is approximately 1.5-2.0 Hz.
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The linear analysis in Section 5.2 (see Table 5.1) also demonstrated that the major body 
modes o f vibration occur in these frequency ranges. The low frequency peaks from 0-2 






















Figure 5.24 PSD plots comparing lower control arm angles with respect to time from 
the “desired responses” (physical vehicle -  proving ground), remote 
responses (physical vehicle -  on RTS) and the ADAMS calculation. 
Angles were measured around the left front lower control arm’s axis of 
rotation (see Figure 4.11 -  location 9).
198
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.




RR LCA Angle 
ADAMS Calculation








Figure 5.25 PSD plots comparing lower control arm angles with respect to time
from the “desired responses” (physical vehicle -  proving ground), “remote 
responses” (physical vehicle -  on RTS) and the ADAMS calculation. 
Angles were measured around the right rear lower control arm’s axis of 
rotation (see Figure 4.11 -  location 12).
Figures 5.24 and 5.25 show a strong correlation between the virtual model and the 
desired responses and the remote responses. The PSD plot o f the left front lower control 
arm angle with respect to time (see Figure 5.24) almost exactly mirrors the shape o f the 
plot o f remote responses. Figure 5.25 also shows good correlation between the virtual and 
physical vehicles. The dominant frequency peak o f the right rear lower control arm angle 
occurs at the same point as in the remote responses. However, the magnitude is somewhat 
less, by about factor o f 2. This means an approximate difference in the amplitude o f time 
history plots by about 4 2  = 1.4 or 40%. For the purposes o f the current research, this is 
still satisfactory.
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Figure 5.26 PSD plots comparing wheel forces from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. The wheel forces were measured in the 
vertical direction at the left front spindle (see Figure 4.11 - location 13).
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Figure 5.27 PSD plots comparing wheel forces from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS) and the ADAMS calculation. The wheel forces were measured in the 
vertical direction at the right rear spindle (see Figure 4.11 -  location 16).
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ADAMS was used to calculate the vertical wheel forces at the spindles o f the 
model resulting from the reaction forces o f the suspension components to the vertical 
displacements. These forces were compared to the wheel force transducer data from the 
desired responses and the desired responses (see Figures 5.26-5.27). Excellent correlation 
was observed in the both the front and rear vertical wheel forces. The PSD plots matched 
almost exactly, except for a difference in magnitude at the rear o f the vehicle (dominant 
peak at 1.5-1.6 Hz -  Figure 5.27).
5.6 Input Configuration #2 -  Using Vertical, Longitudinal Displacements and 
Lateral Forces to Drive the Model.
In an effort to control the stability o f the model and to improve upon the degree of 
correlation between the virtual and physical vehicles, trials were attempted using 
displacements for all inputs (vertical, longitudinal and lateral displacements at the 
spindles). However, each time ADAMS was run using this input configuration, the solver 
crashed and complained o f convergence problems. This was due to the removal o f too 
many degrees o f freedom from the axles.
As explained in Section 5.4, the bending o f the physical vehicle’s axles, which 
was not modeled in the current research, caused the lateral displacements measured in the 
local responses to be much larger than the overall translational displacement o f the axles. 
If the lateral displacements from the local responses were used to drive the front and rear 
axles, displacements o f the axles in the lateral direction would be too large, causing 
reaction forces in the suspension components o f the vehicle to far exceed those o f  the 
remote responses. For this reason, and to avoid over constraining the axles, it was
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decided that the model would be run using the vertical and longitudinal displacements of 
the local responses with the lateral forces o f the remote responses.
It was hoped that, by using this input configuration, the stability o f the model 
would be improved - so that drifting o f the model along the x and y axes, and excessive 
rotation about the z axis, would be eliminated. It was also hypothesized that the 
longitudinal correlation at the axles would be improved. All the foregoing, in fact, took 
place.
5.6.1 Correlation by PSD Comparisons of Output Data from Virtual Model and 
Physical Vehicle
The model was simulated using the second input configuration (vertical and 
longitudinal displacements and lateral forces) using lateral axle damping forces with 
N-s
coefficients o f  1 .0 ----- , to ensure the stability o f the model. Shown in Figures 5.28 to
mm
5.41 are the power spectral density comparisons o f the ADAMS calculation compared 
with the “desired responses” and the “remote responses”. In the following section, as 
explained previously in Section 5.5.2, the “desired responses” (see Section 2.6.2 and 
Table 4.4) are the filtered, edited, steering corrected data that was obtained from the 
vehicle’s responses at the proving grounds. The “remote responses” (see Section 4.4.4 
and Table 4.6) are the responses o f the physical vehicle (measured by the transducers 
onboard the vehicle described in Section 4.4.2) on the road test simulator (RTS) during 
the durability test cycle.
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In a second simulation, the bushings o f the control arms were reduced in stiffness 
by 50% in the radial direction. The results o f the simulations are shown in Figures 5.28- 
5.41.
To widen the scope o f comparisons, ADAMS was used to calculate the resultant 
forces at the spindles in the vertical and longitudinal directions (in directions with the 
displacement inputs). These forces were compared with those recorded by the wheel 
force transducers. Also in this section, a simulation was run to investigate the effect of 
changing bushings in the model.
Due to symmetry along the xz plane o f the vehicle, and the fact that the front and 
rear axles were both solid, PSD plots for the lateral and longitudinal accelerations on the 
left and right sides o f the vehicle looked almost identical. To save space, only PSD plots 
o f accelerations at the left front and the right rear o f the vehicle are shown.
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Figure 5.28 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured laterally on the axle at 
the left front of the vehicle (see Figure 4.11 -  location 1).
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Figure 5.29 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured laterally on the axle at 
the right rear o f the vehicle (see Figure 4 .1 1 -  location 4).
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By comparing PSD plots o f lateral accelerations on the left side o f the front axle 
(see Figure 5.28 and Figure 5.16), it is noticed that there are minor differences in the 
shape o f the curves when the model is run with input configuration #2, compared to input 
configuration #1. With input configuration #1, the closeup of Figure 5.16 (see graph on 
right o f Figure 5.16) shows that the ADAMS prediction follows the low frequency peak 
at 0-2 Hz quite closely. The closeup o f Figure 5.28 shows that the ADAMS prediction 
with the original bushings does not follow this low frequency range as well. Figure 5.28 
shows that the ADAMS model with input configuration #2 predicts a greater number o f 
low frequency peaks extending from 0-4 Hz with a maximum magnitude o f 4.6x104
(mm/s )2 ^ h e n  the control arm bushings are reduced by 50%, the PSD plot appears to 
Hz
follow this low frequency range much better.
Figure 5.16 shows that the PSD plot from the ADAMS calculation exhibits a 
small frequency peak at 10.7 Hz. However, the close-up view of Figure 5.28 shows that 
the ADAMS prediction with the original bushings shows two sharp peaks -  one at 10.7
(mm/s2)2
Hz with magnitude 1.6xl05  -------- —, the other at 14.9 Hz with magnitude 1.8x10
Hz
irnm ŝ  ) w hen the stiffness o f the bushings is reduced, the peak at 10.7 Hz is reduced 
Hz
(mm/s2 )2





Comparing Figure 5.29 to Figure 5.17, it is observed that there are small 
differences between the outputs o f the virtual model using input configuration #1 versus
205
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input configuration #2. It is observed that, when using input configuration #2 with the 
original bushings, ADAMS predicts an additional low frequency peak at 3.4 Hz. This is 
very similar to the trend noticed in the frequency range o f 0-4 Hz in the PSD plots o f the 
left front lateral accelerations (see Figure 5.28). When the stiffness o f the bushings is 
reduced, the peak is reduced in frequency to 3.4 Hz to 2.7 Hz and in magnitude from
(mm/s2)2 (mm/s2)2
4.7xl05  --------- — to 3.5x10s---------- —. Other than these changes at low frequencies, the
Hz Hz
PSD plots from input configuration #2 are very similar to the PSD plots from input
configuration #1, even with a reduction in the radial stiffness o f the control arm bushings.
Lateral input forces and lateral axle damping were identical when using input 
configurations #2 and #1. Observing the changes in the ADAMS calculation from the 
PSD plots o f Figures 5.16-5.17 to Figures 5.28-5.29, it is apparent that there is some 
degree o f coupling between the longitudinal and lateral motions o f the ADAMS model. 
This is evident because changing the longitudinal inputs appears to affect the lateral 
outputs to some degree. It is noticed that by changing input configurations, there appears 
to be greater differences to the ADAMS calculation in the PSD plots o f lateral 
accelerations at the front o f the vehicle rather than at the rear. This is probably because 
the frequency content o f the longitudinal displacement inputs (input configuration #2) 
differs more substantially from the longitudinal force inputs (input configuration #1) at 
the front o f the vehicle than at the rear. These differences were discussed in Section 5.4 
by observing Figures 5.7 and 5.8. The coupling effect discussed previously transmits 
these vibrations to the lateral channels.
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Figure 5.30 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured longitudinally on the 
axle at the left front of the vehicle (see Figure 4.11 -  location 1).
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Figure 5.31 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured longitudinally on the 
axle at the right rear o f the vehicle (see Figure 4.11 -  location 4).
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Comparing Figure 5.30 with Figure 5.18, a large difference is noticed when 
simulations are conducted using input configuration #2 over input configuration #1. 
Using the original bushings for input configuration #2, Figure 5.30 shows that, from a 
frequency distribution and magnitude standpoint, the power spectral density plot appears 
to follow the shape o f the remote responses more closely. However, there are still some 
differences. Firstly, the PSD plot o f the ADAMS longitudinal acceleration prediction o f 
the front axle (input configuration #2) does not follow the frequency peak at 10 Hz in the 
remote responses. Secondly, the PSD plot in Figure 5.30 shows that ADAMS predicts 
differently shaped peaks than those o f the remote responses in the range o f 15-21 Hz. 
These disparities are mostly attributable to the differences in displacement measurements 
from the local responses o f the rig and those at the spindle as demonstrated in Section 
5.4.
Comparing Figure 5.19 with Figure 5.31, a major improvement is noticed in the 
correlation o f longitudinal accelerations on the axle at the rear o f  the vehicle with the 
remote responses. Figure 5.31 shows that the ADAMS prediction o f longitudinal 
accelerations at the rear axle, with the original control arm bushing stiffness, correlates 
extremely well to those o f the desired responses as well as to those o f the remote 
responses.
No significant differences are noted in the longitudinal accelerations on the front 
and rear axles (see Figures 5.30 and 5.31) when the stiffness o f the control arm bushings 
are reduced by 50%.
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Figure 5.32 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured vertically on the axle 
at the left front of the vehicle (see Figure 4.11 -  location 1).
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Figure 5.33 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured vertically on the axle 
at the right rear o f the vehicle (see Figure 4.11 -  location 4).
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PSD plots o f vertical accelerations on the front and rear axles using the original 
bushing properties show no appreciable differences when using input configuration #2 
(see Figures 5.32-5.33) rather than input configuration #1 (see Figures 5.20-5.21). 
Reducing the control arm bushing stiffness in the radial direction does not appear to have 
any noticeable effects whatsoever. However, this is desirable as the PSD plots o f vertical 
accelerations on the axles from both input configurations almost exactly mirror those o f 
the remote responses.
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Figure 5.34 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured vertically on the body 
at the left front of vehicle (see Figure 4.11 -  location 5).
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Figure 5.35 PSD plots comparing accelerations from the “desired responses” (physical 
vehicle -  proving ground), “remote responses” (physical vehicle -  on 
RTS), ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Accelerations were measured vertically on the body 
at the right rear o f the vehicle (see Figure 4.11 -  location 8).
The PSD plots o f vertical accelerations on the body (see Figures 5.34 and 5.35) 
using input configuration #2 show some interesting results. There are major differences 
between the vertical accelerations at the left front and right rear o f the body, as predicted 
by ADAMS, when using input configuration #2 over input configuration over 
configuration #1. Comparing Figure 5.34 with Figure 5.22, it is noticed that the graphs o f 
the ADAMS predictions (original bushings) look almost identical from 0-8 Hz. After this 
frequency range, the two differ by a substantial amount. In Figure 5.34, the virtual 
model’s accelerations show a small peak occurs at 8 Hz, followed by a very large spike at
9.7 Hz. The graphs level off from 10 to 14 Hz and rise up again from 14 to 20 Hz. In 
Figure 5.22, the power spectral density does not show any dominant frequencies from 8 
Hz onwards. The PSD plots in Figure 5.34 (original bushing properties) look closer in
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appearance to the plots o f the remote responses than do the PSD plots for using input 
configuration #1. However, the disparities are still fairly substantial.
When the PSD plot o f the ADAMS calculation o f vertical acceleration at the rear 
o f the body in Figure 5.35 (original bushing properties) is compared with the plot in 
Figure 5.23, a major difference between the two is noticed, namely a large spike at 9.7 
Hz. In this case, it appears that using input configuration #2 appears to worsen the 
correlation between the model’s responses and the remote responses.
It is unclear as to what the frequency spikes in the front and rear vertical 
accelerations on the body at 9.7 Hz represent. What is clear, however, is that they 
emerged when the longitudinal inputs were switched from forces to displacements. From 
looking at Table 5.1, the only predicted modes close to this frequency range are the front 
and rear parallel wheel hop frequencies and the engine pitch frequency. When the front 
and rear longitudinal displacement inputs are differentiated twice, both contain high 
magnitude 10-12 Hz frequency components (see Figures 5.7 and 5.8). O f particular 
interest is the frequency content o f the derived accelerations from the front longitudinal 
inputs. The PSD plot (see Figure 5.7) shows that this signal has a significantly higher 
magnitude 10-12 Hz frequency component than does the accelerations measured on the 
front axle. Through coupling, these large magnitude frequency components contained in 
the longitudinal displacement inputs may be exciting either the wheel hop modes or the 
engine pitch mode, causing resonance. This resonance effect is then transmitted to the 
body. It is important to realize, however, that the parallel wheel hop modes o f the front 
and rear axles calculated in the linear analysis may not completely accurate. This is 
because these modes were calculated at static equilibrium using tires with linear stiffness
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and damping properties. The model itself is a highly non-linear system where the axles 
are dynamically excited, using displacements without tires.
It is interesting to note, that when the stiffness properties o f the control arm 
bushings are reduced by half, these large spikes in the PSD plots o f the front and rear 
vertical accelerations on the body are significantly reduced. At the rear o f the body, the 
spike at 9.7 Hz is reduced significantly and the results compare quite well to the remote 
responses. At the front o f the body, the magnitude o f the peak drops significantly and 
shifts down to a lower frequency. Also, all peaks at 14 to 20 Hz are reduced, and in this 
frequency range the PSD plots follow the remote responses quite well. It is seen in 
Figures 5.34 and 5.35 that altering the bushing properties can have a major impact upon 
the frequencies excited in an automobile. This leads to the possibility that one source o f 
error could be the vendor’s supplied bushing values. In the current research, the bushing 
vendors provided dynamic properties at one frequency -  usually 20 Hz. Elastomeric 
compounds such as rubber tend to change their stiffness properties depending on the 
frequencies they are subjected to. It is also possible that the assumption o f linear stiffness 
and damping values used for bushings in the ADAMS model may not have been valid.
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
213
LF LCA Angle LF LCA Angle LF LCA Angle LF LCA Angle
Desired Responses Remote Responses ADAMS Calculation ADAMS Calculation
(Vehicle Responses (Vehicle Responses With Original Bushings With Bushings Reduced
at Proving Ground) on RTS)
3
Frequency (Hz)
Figure 5.36 PSD plots comparing control arm angles with respect to time from the
“desired responses” (physical vehicle -  proving ground), “remote responses” 
(physical vehicle -  on RTS), ADAMS calculation with the original bushings 
and the ADAMS calculation with the stiffness of the control arm bushings 
reduced by 50% in the radial direction. Angles were measured around the left 
front lower control arm’s axis of rotation (see Figure 4.11 -  location 9).
RR LCA Angle RR LCA Angle RR LCA Angle RR LCA Angle
Desired Responses Remote Responses ADAMS Calculation ADAMS Calculation
(Vehicle Responses (Vehicle Responses W ith Original Bushings W ith Bushings Reduced
at Proving Ground) on RTS)
1 0   . 1 1------------------------------------------------------
Frequency (Hz)
Figure 5.37 PSD plots comparing control arm angles with respect to time from the
“desired responses” (physical vehicle -  proving ground), “remote responses” 
(physical vehicle -  on RTS), ADAMS calculation with the original bushings 
and the ADAMS calculation with the stiffness of the control arm bushings 
reduced by 50% in the radial direction. Angles were measured around the 
right rear lower control arm’s axis of rotation (see Figure 4.11 -  location 12).
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PSD plots o f control arm angles on the front and rear o f the ADAMS model using 
the original bushing properties show no substantial differences when using input 
configuration #2 (see Figures 5.36-5.37) over input configuration #1 (see Figures 5.24- 
5.25). Reducing the stiffness o f the control arm bushings in the radial direction did not 
appear to have any noticeable effects either. Generally, the control arm angles compare 
quite well with the remote responses. The PSD plots o f the front left lower control arm 
angle in Figure 5.36 look almost identical to those o f the remote responses. The PSD 
plots o f the rear lower control arm in Figure 5.37 look similar in shape to the remote 
responses but with a lower magnitude.
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Figure 5.38 PSD plots o f wheel forces from the “desired responses” (physical vehicle 
— proving ground), “remote responses” (physical vehicle — on RTS), 
ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Wheel forces were measured longitudinally at the 
left front spindle (see Figure 4.11 -  location 13).
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Figure 5.39 PSD plots o f wheel forces from the “desired responses” (physical vehicle 
-  proving ground), “remote responses” (physical vehicle -  on RTS), 
ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Wheel forces were measured longitudinally at the 
right rear spindle (see Figure 4.11 -  location 16).
To facilitate further correlation between the virtual model and the physical vehicle 
using input configuration #2, wheel forces at the input locations (spindles) were 
calculated with ADAMS and then compared with the forces recorded by the wheel force 
transducers. As explained previously, two simulations were run, one using the original 
bushing properties and one with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Because lateral wheel forces were used to drive the axles in the y 
direction, the lateral wheel forces at the spindles o f the ADAMS model were not 
calculated.
Figures 5.38 and 5.39 show PSD plots o f longitudinal wheel forces calculated by 
ADAMS compared with the desired responses and remote responses. The plots o f the 
ADAMS calculation at the front and rear o f the vehicle with the original bushing
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configuration show similar trends, namely moderate peaks from 0 to 2 Hz and large 
spikes at 9.7 Hz. These large spikes are very similar in appearance to the frequency 
spikes witnessed at 9.7 Hz in front and rear vertical accelerations on the body (see 
Figures 5.34 and 5.35). As mentioned previously, when discussing vertical accelerations 
on the body, the high magnitude 10-12 Hz frequency content o f the front longitudinal 
displacement inputs is most likely responsible for the spikes at 9.7 Hz in the PSD plots. 
These high magnitude 10-12 Hz components m aybe exciting certain modes o f vibration 
through coupling, such as the front and rear parallel wheel hop frequencies and the 
engine pitch mode.
When the stiffness o f the control arm bushings was decreased, the peaks in both 
Figures 5.38 and 5.39 were greatly reduced. Also, the spikes at 9.7 Hz appear to shift to a 
lower frequency, namely 8 Hz. However, even with the reduced bushing stiffness, both 
peaks in Figures 5.38 and Figure 5.39 are still nearly an order o f magnitude greater than 
the PSD plots o f  the desired responses and remote responses. Since the longitudinal 
displacements o f the axles are fixed with respect to time, reducing the bushing properties 
will decrease the reaction forces at the wheel -  reducing the magnitude of the peaks in the 
longitudinal wheel force plot at 9.7 Hz. A reduction in the stiffness o f the control arm 
bushings will also lower resonant frequencies o f the suspension and may even change the 
mode shapes o f the system. This is witnessed in Figures 5.38 and 5.39 - the large 
frequency peaks drop in magnitude and shift to a lower frequency.
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Figure 5.40 PSD plots o f wheel forces from the “desired responses” (physical vehicle
-  proving ground), “remote responses” (physical vehicle -  on RTS), 
ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Wheel forces were measured vertically at the left 
front spindle (see Figure 4.11 -  location 13).
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Figure 5.41 PSD plots o f wheel forces from the “desired responses” (physical vehicle
-  proving ground), “remote responses” (physical vehicle -  on RTS), 
ADAMS calculation with the original bushings and the ADAMS 
calculation with the stiffness o f the control arm bushings reduced by 50% 
in the radial direction. Wheel forces were measured longitudinally at the 
right rear spindle (see Figure 4.11 -  location 16).
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Figures 5.40 and 5.41 show excellent correlation of vertical wheel forces from the 
ADAMS model and the remote responses. The PSD plots in Figure 5.40 of vertical wheel 
forces show that the curves calculated by ADAMS are almost identical to those o f the 
remote responses throughout the entire frequency range. The plots in Figure 5.41 also 
correlate with the remote responses quite well. In this figure, there is a difference in 
magnitude between the remote responses at 0 to 2 Hz, but this difference is relatively 
small. To obtain an estimate o f the difference in amplitudes o f time history plots between 
the ADAMS calculations and the remote responses in Figure 5.41, the square root o f the 
ratio o f the maximum values o f these peaks is taken:
V 1.2x10
This means that the amplitude o f the time history plot o f the ADAMS calculation 
will differ by about 20%.
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Chapter 6 Conclusions and Recommendations
6.0 Conclusions
The present research yielded the following conclusions:
1. A complex model o f a full vehicle was created with C ATIA and ADAMS
software for the purposes o f correlating outputs with those of a physical vehicle 
undergoing durability testing on a road test simulator. Inputs to the model were 
derived from the road test simulator and from the physical vehicle. The virtual 
model was created over a period o f eight months - a relatively long period o f time. 
However, this time was spent learning the necessary software packages, 
developing the process o f creating and simulating the virtual model and gathering 
material properties. If  a skilled ADAMS user is given access to a complete set o f 
material properties at the onset o f the modeling process, virtual simulation o f new
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models could be performed in as little as a few weeks. This is possible because 
the required parameters, as well as the process o f assembling and simulating 
virtual model, has been clearly defined.
2. A linear analysis was performed on the model using ADAMS / Linear software 
package, linearizing the model at a static equilibrium to estimate its modes of 
vibration. Two scenarios were investigated - a linear analysis using the original 
bushing properties and one with the stiffness o f the control arm bushings reduced 
by 50% in the radial direction. In the first analysis, 163 modes o f vibration were 
calculated. O f these 163 modes, 37 were in the frequency range o f interest (under 
50 Hz). The body modes o f vibration (body pitch, roll and bounce) and parallel 
wheel hop frequencies compared well with typical values predicted by Barak {2}. 
In the second linear analysis, reducing the stiffness o f the control arm bushings by 
50% in the radial direction lowered the natural frequencies o f several modes - 
mainly those involving axle movement - by as much as 30%. The reduction in 
control arm bushing radial stiffness properties also changed the actual modes o f 
vibration themselves.
3. Transducer data were collected from an instrumented vehicle at a proving ground 
test track and used to obtain direct local responses from a road test simulator 
during a durability test cycle o f a physical vehicle. These local responses 
consisted of vertical and longitudinal displacements. In conjunction with remote 
responses collected from the wheel force transducers during the same cycle, these 
channels were used to drive the virtual model in dynamic simulations for a period
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of 50 seconds. Two separate input configurations were investigated. Input 
configuration #1 used vertical displacements and lateral and longitudinal forces at 
the spindles to drive the model. Input configuration #2 used vertical and 
longitudinal displacements with lateral forces to drive the model. Input 
configuration #2 provided for a more stable model than did input configuration #1 
-  excessive yawing and longitudinal translation of the model was eliminated 
without the use o f damping forces at the axles.
4a. PSD plots o f outputs from the model were compared with those o f the physical 
vehicle using input configuration #1. Strong correlation was observed in the 
following channels:
i. Vertical accelerations measured on the left side o f the front axle and the 
right side o f the rear axle in the frequency range o f 0-50 Hz.
ii. Lateral accelerations on the left side o f the front axle in the frequency 
range o f 0-5 Hz and at the right side o f the rear axle in the frequency range 
o f 0-15 Hz.
iii. Lower control arm angles measured at the left front and right rear lower 
control arms in the frequency range o f 0-20 Hz.
iv. Vertical accelerations on the left front o f the body in the frequency range 
o f 0-9 Hz and at the right rear side o f the body in the frequency range o f 0- 
50 Hz.
222
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
v. Vertical wheel forces measured at the locations of the wheel force
transducers on the physical vehicle in the frequency range o f 0-50 Hz.
In summary, strong correlation o f the model with the physical vehicle was 
observed in the vertical channels. PSD plots o f vertical axle accelerations, vertical 
body accelerations at the rear o f the vehicle, vertical wheel forces and control arm 
angles all appear to be in close agreement with the remote responses. These 
results are promising for virtual simulation because, in the opinion o f many road 
test simulation engineers, vertical force and motion inputs account for 
approximately 80% of the damage caused to a vehicle.
An explanation for the difference in PSD plots o f vertical accelerations at 
the front o f the body is that the body of the virtual model was considered to be a 
rigid, lumped mass. The frequency content observed at 9-12 Hz in vertical 
accelerations at the front o f the body may be due to flexible modes o f vibration. If 
a deformable body and chassis structure could be constructed in ADAMS with 
flexible bodies, the degree o f correlation between the virtual and physical 
responses may substantially improve.
PSD plots of the model’s lateral acceleration channels appear to compare 
well at low frequency ranges (0-5 Hz), but not at higher frequencies. Using input 
configuration #1, PSD plots o f longitudinal accelerations from the ADAMS 
model did not match well with those o f the remote responses. A major reason for 
some o f the poor correlation of ADAMS calculations to the remote responses in 
the lateral and longitudinal channels is most likely due to the damping forces at 
the axles, used to control the stability o f the model. These damping forces appear
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to suppress certain frequency components. Also, only photographs were available 
o f the locations o f transducers on the physical vehicle. The positions and 
orientations o f the transducers on the virtual model had to be approximated using 
these pictures, thereby contributing to another large source o f error. Finally, 
several assumptions were made regarding the stiffness and damping properties of 
springs, shock absorbers and bushings. Many o f these were assumed to have had 
linear properties when, in reality, they may have behaved in a highly non-linear 
fashion.
4b. Comparing PSD plots o f outputs from the model with those o f the physical
vehicle using input configuration #2, acceptable correlation was observed in the 
following channels:
i. Vertical accelerations measured on left side o f the front axle and the right 
side o f the rear axle in the frequency range o f 0-50 Hz.
ii. Lateral accelerations on the left side o f the front axle in the frequency 
range of 0-5 Hz and at the right side o f the rear axle in the frequency range 
o f 0-15 Hz.
iii. Longitudinal accelerations measured at the right side o f  the rear axle in the 
frequency range o f 0-50 Hz.
iv. Lower control arm angles measured at the left front and right rear lower 
control arms in the frequency range o f 0-20 Hz.
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v. Vertical wheel forces measured at the locations of the wheel force
transducers on the physical vehicle in the frequency range o f 0-50 Hz.
Using input configuration #2 with the original control arm bushings 
increased the stability of the model and eliminated the need for longitudinal 
damping forces at the axles. It appeared to increase correlation of calculated 
longitudinal accelerations on the axle with those of the remote responses. 
However, it appeared to decrease correlation o f the model with the physical 
vehicle with respect to vertical accelerations on the body. Large magnitude 
frequency spikes at 9.7 Hz were noticed in PSD plots o f vertical accelerations on 
the body o f the model and also in PSD plots o f longitudinal wheel forces 
measured at the spindles. These frequency spikes did not appear in the remote 
responses. Two scenarios are possible that explain the decrease in correlation:
i. The longitudinal displacement inputs defined by the local responses were
not true measurements o f the actual displacements o f spindles o f the 
vehicle on the road test simulator. Indeed, when PSD plots o f the derived 
axle longitudinal and vertical accelerations o f the local responses were 
overlaid with the measured axle longitudinal accelerations from the 
remote responses (see Section 5.4), some discrepancies were noted at the 
front o f the vehicle. This was particularly noticeable in the frequency 
ranges o f 10-12 Hz, where the accelerations from the longitudinal 
displacements o f the local responses were much larger than the 
longitudinal accelerations measured on the front axle (see Section 5.4). It
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is unknown what was responsible for this discrepancy, however it is 
interesting to note that correlation appears to be worse at the front o f the 
vehicle. Since this is the case, it is possible that slop in the ball joints of 
the steering system at the front o f the vehicle was distorting the 
measurement o f longitudinal displacements in the local responses. The 
large 10-12 Hz longitudinal acceleration component in the front 
longitudinal displacement inputs may have been exciting the front axle at 
these frequency ranges with a large amplitude which, in turn, could have 
been transmitted to other components (i.e. rear axle, body).
ii. Bushing stiffness and damping properties on the model might differ from 
those on the actual vehicle, causing the input displacements to excite 
natural frequencies in the model’s suspension components. For example, 
when the stiffness o f the control arm bushings was reduced in the radial 
direction by 50 per cent, the spikes in the PSD plots o f vertical body 
accelerations and longitudinal wheel forces fell dramatically and shifted to 
a lower frequency range. It is possible that the model’s bushings were 
either stiffer or softer than those on the real vehicle. Many bushing values 
supplied by the vendor were tested at one frequency and assumed to have 
linear properties. Others were estimated by the author and based on typical 
values used in the automotive industry.
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5. The effects o f changing the model’s bushing properties were investigated by
reducing the stiffness o f the control arm bushings in the radial direction by 50%.
In Section 5.2, two linear analyses were conducted on the model, one with the 
original bushings and one with the bushings with a reduced stiffness. As stated 
previously, lowering the properties o f the bushings decreased certain natural 
frequencies o f vibration and also changed the mode shapes o f the model. In 
Section 5.6, reducing the control arm bushing stiffness properties changed the 
power spectral density plots of the outputs from the ADAMS model. This was 
particularly apparent in the longitudinal wheel forces and vertical body 
accelerations at both the front and rear o f the vehicle, causing the magnitude o f 
certain frequency peaks to decrease as well as shifting these peaks to a lower 
frequency.
6.1 Recommendations
The aforementioned results and conclusions from the present research project 
indicate that combining virtual simulation with physical vehicle test data to optimize 
automotive durability testing has a promising future. Many o f the output channels from 
the virtual model, particularly the vertical channels, correlate quite closely to those o f the 
physical vehicle. These results are particularly encouraging for virtual simulation 
considering that many simplifications were made in the development o f the model. Listed 
below are suggestions for further work that should help to increase the fidelity o f future 
models for improved correlation between the virtual and physical responses. They will
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also help to define the parameters needed at the beginning o f the modeling process so that 
the time taken to develop and simulate new models will be reduced. Finally, these 
recommendations may also open avenues o f further study:
1. Create a flexible model o f the vehicle’s frame and body in order to improve
correlation o f the virtual and physical vehicles. In the current research, the body 
o f the vehicle was modeled as one rigid, lumped mass. This is a large assumption. 
In fact, the body o f the physical vehicle is massive and composed o f a large 
amount o f sheet metal pieces with a ladder type frame. That is why low frequency 
flexible modes of vibration will almost certainly occur during road test 
simulation. The differences between the rigid vehicle body of the ADAMS model 
and the deformable structure o f the physical vehicle may explain the lack o f 
correlation in predicted accelerations on the body. The main structure o f the 
physical vehicle is composed o f a large number o f components with some fairly 
complex shapes. To model it accurately, these components would have to be 
meshed individually, requiring time and additional material properties. The 
creation o f a flexible body and chassis structure is a project in itself but would 
allow the user to observe areas o f high stress and strain throughout the vehicle 
during simulations. It would also improve the ADAMS calculations o f forces and 
motions transmitted to other suspension components.
2. Measure the spindle displacements directly at the spindles rather than at the 
actuators o f the road test simulator. Though likely difficult and expensive to do, 
it would rule out one major source o f error and help to ensure closer overall
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correlation between the outputs o f the virtual model and the physical vehicle. 
Another suggestion would be to measure the velocity o f the spindles directly at 
the spindle and use these as inputs to the ADAMS model. Using velocity inputs 
would reduce drifting o f the virtual model during simulations. It would also mean 
that the ADAMS solver would need only to differentiate once to determine 
accelerations and integrate once to determine displacements. This would reduce 
noise and numerical error in calculations.
3. Account for the deflection of parts in the virtual model during dynamic simulation 
by turning certain suspension components into flexible bodies. This would benefit 
virtual durability testing in several ways. First, deformable bodies would ensure 
that the responses o f  the model would be more realistic, thereby improving 
correlation. Second, they would help the user to determine the differences when 
using a flexible body over a rigid one and establish whether, in certain instances, 
deformable bodies are truly necessary. This knowledge could save a substantial 
amount o f time in the creation o f future models as deformable bodies are much 
more difficult and time consuming to create. Third, flexible bodies could be used 
to assess the validity o f certain modeling techniques, such those used to model the 
torsional twist o f the stabilizer bars in the current research. Finally, flexible bodies 
allow much more information to be obtained from individual parts (i.e. stresses, 
strains and forces throughout the body) than with rigid bodies. With this 
information, the fatigue life o f  deformable components can be assessed using 
additional software and then compared with physical tests.
229
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
4. Use empirical dynamic models (EDMs) or “black box” methods to model the 
non-linear behavior o f suspension components such as bushings, shock 
absorbers and springs. In the current research, bushings, springs and shock 
absorbers were modeled using spline functions and linear properties that do not 
take into account hysteresis behavior. According to Barber {3} EDMs are based 
on “neural network” computer data structures and algorithms, which were 
originally developed to model the psychological functions o f the human brain. 
Barber {3} explains that neural networks consist o f fundamental units called 
neurons. A neuron takes a series o f varying inputs and multiplies them by 
constant weights. These weights are summed along with a constant bias term and 
the corresponding result is applied to a non-linear activation function. A neural 
network is constructed by taking many o f these neurons and connecting them 
together with the outputs o f one neuron acting as the inputs for another. By 
measuring both the inputs and outputs o f a system experimentally, neural 
networks can “learn” the behavior o f non-linear components. These can be used 
to generate EDMs and, in conjunction with ADAMS, can be used to very 
accurately replicate the behavior o f non-linear components (including hysteresis 
effects). EDMs are currently being offered by a small number o f companies. 
However, additional testing equipment and computer software must be purchased, 
which incurs an additional cost.
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5. Determine the Frequency Response Function (FRF), H ( f ) , o f the virtual model 
to establish the relationship between its inputs and outputs. This FRF could be 
compared with the FRF o f the physical vehicle on the road test simulator (see 
Section 2.6.3). Comparison o f virtual and physical FRFs could help to determine 
how closely the behavior o f the model mirrors that of the physical system. It 
might also reveal whether the road test simulator has any effects on frequency 
components o f the physical system.
6. Investigate the effects that the ball joints in the steering system have on forces and 
motions transmitted to the front axle o f the physical vehicle. As explained 
previously in Section 5.4, slop in the ball joints o f the steering system is believed 
to be responsible for the decrease in correlation o f spindle accelerations with axle 
accelerations at the front o f the vehicle. If a method o f modeling this slop became 
available, it could improve correlation of the virtual and physical responses at the 
front o f the vehicle.
7. Model the interaction o f the internal components (gears, shafts, bearings, etc.) of 
the drivetrain and axle assemblies. The drivetrain and axle assemblies were 
modeled as rigid, lumped masses to account for their inertial effects. However, 
the internal workings o f these components were not modeled due to the numerous 
complex interactions and vast number of parts. It is possible that the interactions 
o f these components (gear meshing / binding and friction o f moving components) 
may have a significant effect on certain frequencies o f the vehicle (i.e. axle 
windup).
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8. Create a comprehensive database o f material properties that contains all relevant 
material information pertaining to automobile components. This database should 
be easy-to-use and contain material properties for components in consistent units. 
One of the most important factors in multibody dynamic analyses is having 
accurate material properties. These include mass, moment and product o f inertia, 
stiffness and damping values. In the current research, a large amount o f time was 
spent acquiring and / or estimating these material properties. If a complete 
material properties database had existed beforehand, the time taken for the 
development o f the model for this project would have been reduced considerably. 
Although physical testing can be expensive and many properties are difficult to 
test, the user may be able to “ball park” certain values through scaling, using the 
properties o f similar components as a reference. In addition, by observing the 
material properties o f large numbers of parts (i.e. bushings and shock absorbers), 
the engineer may be able to determine a series o f “rules o f thumb” or general 
trends for these components.
9. Devise in-house testing equipment to physically measure the properties of 
bushings, shock absorbers and springs for all directional stiffness and damping 
properties. Although devices that could accurately compute such properties might 
be reasonably expensive to build, they would repay themselves very quickly by 
greatly speeding up the virtual road test simulation process. An alternative 
recommendation is to require vendors to supply a complete set o f physical test 
data upon delivery o f parts to the automobile manufacturer.
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10. Measure the location and orientation o f transducers on the vehicle accurately at 
the curb position from a common point o f reference. In the current research, 
photos alone were available. Often, these were taken from an angle and it was 
difficult to tell the transducer’s exact position and inclination.
11. Equip the physical vehicle with extra transducers to obtain a larger number o f 
remote responses at a variety o f locations on the vehicle. This would serve to 
increase the correlation between the virtual model and the physical vehicle. In the 
current research, 18 accelerometers were used to acquire acceleration data from 
the physical vehicle on the road test simulator. Twelve o f these accelerometers 
were located on the axles, three at each comer o f the vehicle and four on the body. 
If  additional accelerometers were mounted to body, as well as other suspension 
components, further validation o f the model would be possible.
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